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ABSTRACT 
The scope of this work carried two objectives, each focusing on theoretical model 
development, performance prediction and experimental evaluation of two concepts, of face 
type non-contacting gas seals. The theoretical modelling and experimental testing were 
undertaken across a high duty-operating envelope up to 300 bar, 12000 rpm and 1200 C. For 
both sets of experiments, specialised test equipment and test rig were designed and built. 
The first objective was to determine the performance of a slot feed design of non-contacting 
gas design, by evaluating its performance across the full performance envelope. A set of test 
seals was made for experimental evaluation. A suitable computer model was developed and 
validated against experimental data. Results showed good seal performance across the main 
duty conditions and the model showed good correlation with the experimental test data. 
Under the second objective, a totally novel design of non-contacting gas seal was proposed, 
incorporating a unique lift groove geometry (patent pending). A novel and sophisticated 
computer model was developed to accurately predict the performance of this design. The 
model was made fully coupled between the fluid and structural domains of the gas seal. 
The model predictions were verified against the experimental data. The correlation between 
the two was found to be very close and consistent across the entire performance envelope of 
the seals. The novel design concept performed extremely well under all the test conditions, 
both real and artificial. The theoretical model developed as part of this research proved itself 
to be an effective analysis and performance prediction tool. 
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I I 
EXECUTIVE SUMMARY 
The scope of this work carried two broad objectives, focussing on two concepts of 
non-contacting mechanical gas seals. 
The first objective was to determine the performance of the slot feed design of non-
contacting gas design (referred to as SF design). The performance of the seal was to 
be evaluated across a high duty-operating envelope: 300 bar, 6000 to 12000 rpm and 
a maximum operating temperature of 1200 C. A suitable computer model was to be 
developed along with the relevant theory and validated against the experimental data. 
The next requirement under the overall objective was to correlate the theory to 
experimental results. To achieve this detailed theory was to be developed. Based on 
this theory, a computer model was to be built to predict the performance of the given 
seal design. An appraisal of the performance was to be given highlighting the major 
benefits as well as drawbacks. 
The second objective was to propose a totally novel design of non-contacting gas 
seal incorporating a unique hydrodynamic lift feature - The proposed design 
combines the slot feed feature of the SF design with a partial logarithmic spiral 
groove geometry, thus creating a hybrid concept (referred to as SFLS design - slot 
fed logarithmic spiral). A set of test seals were made and their performance 
determined experimentally across the entire high duty performance envelope of 0 to 
300 bar, 6000-12000 rpm and 1200 C. 
A suitable theoretical model was to be developed to accurately predict the 
performance of the above design and validate it against the experimental data. An 
appraisal of the performance was given highlighting the major benefits as well as 
drawbacks of the two designs. Finally, the performance of the two designs was 
compared and suitable conclusions were drawn up. 
In order to achieve the experimental elements of the above objectives, specialised 
test equipment and a test rig were designed and built. 
The SF seal design was built and effectively incorporated into an industry standard 
cartridge configuration. A suitable computer based model was developed, based on 
the solution of thin film gas flow using the compressible flow Reynolds equation. 
The concept underwent detailed testing and the model predictions were verified 
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against experimental data. Results showed good seal performance across the main 
duty conditions and the model showed good correlation with the experimental test 
data. However, under some artificial conditions, the concept did show a degree of 
fluid film collapse. 
Under the second objective of proposing a novel hybrid gas seal concept, an effective 
design was produced. To predict its performance a sophisticated computer based 
model was developed. The fluid film model was based on the numerical solution of 
the compressible flow Reynolds equation. To solve the Reynolds equation, the 
model utilised the finite difference (FD) technique applied to a 2-D symmetrical 
sector of the seal geometry. The model took account of all key factors governing its 
ultimate accuracy. This included real gas compressibility, inlet inertial losses, 
choked flow consideration and end effects around the spiral grooves. It was also 
developed to calculate the necessary power generation and convection coefficients 
around the seal periphery. For ultimate accuracy and closest representation, a fluid 
film model was utilised in conjunction with a structural solver (ANSYS based), 
which was used to calculate the defonnations of the seal faces, taking into account all 
the structural and thermal loading. The model was made fully coupled between the 
fluid and structural domain, thus enabling it to reach a numerical convergence and 
solution equilibrium for a given set of operating conditions and seal geometry. An 
effective algorithm was developed to combine the two lift features within the model 
as well as an effective means of defining the lift groove geometry. 
A set of test seals were made and all the necessary validation testing was completed 
successfully, across the full pressure and speed range. The model predictions were 
verified against the experimental data. The correlation between the two was found to 
be very close and consistent across the entire performance envelope. The SFLS seal 
concept perfonned extremely well under all the necessary conditions, both real and 
artificial. The theoretical model developed as part of this research has proven itself 
to be an effective analysis and performance prediction tool. 
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1 INTRODUCTION 
Gas seals go back over one hundred years. Whenever, there was a need to 
accommodate a moving element entering a stationary wall, separating gas at a higher 
pressure from a gas at a lower pressure, it was necessary to use some kind of gas 
seal. 
Probably the very first applications came into being during the age of steam. 
Typically, high-pressure steam would be admitted into a suitable chamber (most 
often cylindrical). There, it would act on a piston in order to displace it and produce 
useful movement and power. Extremely simple, stationary gas seals sealed that 
steam in the chamber. Later, as those seals were improved in their design, steam 
would also be applied to the opposite side of the piston. In this location, a gas seal 
would have to be applied to the stationary component around the moving piston rod 
having a reciprocating action, thus requiring the gas seal design to be dynamic. So 
out of this necessity, gas sealing packing rings, piston rings and bushings were born. 
Further along the technological evolutionary line, steam started to be used to 
generate power using rotary motion, like in steam turbines. F or this, yet another type 
of gas seal had to be developed, one that can tolerate high rotational speeds, such as a 
labyrinth seal. Thus, in parallel with the development of better power generating 
machinery, there was and had to be parallel development of better gas sealing 
technology. 
When centrifugal pumps appeared around 150 years ago, another sealing problem 
had to be solved, but this time involving liquid. Radial packings, bushings and 
labyrinths were initially used for this (see Figure 1, which shows four types of seals 
each with progressively smaller operating clearance). In the early 1900's, as the 
speeds and pressures increased in high performance pumps, another development 
took place, in the form of axial, face type mechanical seals. In this design, the 
sealing surface rotated through 90° about the shaft centre line (see axial mechanical 
seal in Figure 1). Those axial face type seals hand a much higher pressure and speed 
capability than the radial bushings, packings and labyrinths. The most revolutionary 
concept behind this seal development was the use of a flat surface to accommodate 
the relative sliding motion between the stationary and rotating parts.. Prior to this, 
stationary and rotating parts met at a cylindrical surface. 
14 
Radial Clearance Seal Radial Floating Bush Seal 
C3 
l _________ _ 
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Figure l:Radial and axial seals [6] 
The whole concept of using a flat sealing surface as the interface between a 
stationary and a rotating part was a crucial development for the modem mechanical 
seal. The need to seal a fluid with very low viscosity and density, such as a gas, 
meant that clearances at the interface, or the seal zone, had to be very small in order 
to achieve low leakages. With cylindrical surfaces, the clearance would be set to 
accommodate differential thermal movement between these parts, without contact. 
As a consequence, the clearance cannot be physically lowered beyond a certain 
point. An axial face type seal does not suffer from this limitation, and if designed for 
axial adjustability, (which is easily achieved with this concept), results in a better 
performing seal. 
Over the last century, face type mechanical seals were mainly developed for pump 
sealing applications and their use for gas sealing was limited to very slow moving 
mixers and agitators. This limitation was primarily because the design relied on 
relative face sliding contact to restrict the leakage. In pumps, it was possible to do 
this at high speeds because the process liquid removed the heat generated due to 
friction and it helped to lubricate the two sliding surfaces. When the sealed medium 
was gas, it was only possible to remove all the necessary heat from the seal interface 
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on very slow speed applications. Therefore, when centrifugal compressors arrived 
on the scene in mid 1900's, there was only one reliable sealing solution available to 
seal their rotating shafts and it wasn't a gas seal. One had to use a barrier oil seal as 
a means of sealing high-pressure gas. The seal design was quite simple. But it 
required a very complex, expensive and what proved to be a very troublesome oil 
seal support system. Further more, it resulted in seal oil leakage into the process gas 
stream causing all sorts of problems and complications. A clear need existed for a 
better seal for those compressors. 
Seal manufacturers were becoming aware of these sealing problems on centrifugal 
compressors because the same companies provided sealing solutions to liquid pumps 
in the same installations. So in the 1960's some of these manufactures and 
government supported organisations, such as NASA, started experimental projects 
aimed at finding a solution where a face type mechanical seal could be made to seal 
high-pressure gas and operate at a very small clearance. The search was on for a 
mechanism that would provide lift and separation to the two seal faces, thus 
eliminating direct frictional contact and the massive heat generation, which the gas 
could efficiently remove. At the time, suitable theoretical mechanisms were already 
available and these could be subdivided into two categories: hydrostatic and 
hydrodynamic. Hydrostatic mechanism relies on the special axis symmetric form of 
the seal face profile and the way fluid is fed to the seal faces to create an opening 
pressure profile at the interface. As the name implies, the mechanism is not 
dependent on the relative rotation. Hydrodynamic mechanism relies solely on 
rotation for it existence. But some geometry has to be present on the surface of the 
seal faces in order to create such a mechanism. One such feature already known in 
the field oftribology was the Rayleigh pad [27]. 
Both hydrostatic and hydrodynamic mechanisms work by altering the gas pressures 
between the faces in such a way that if the operating gap decreases, the interface (or 
opening) pressure increases and vice versa. Thus, a repulsive or opening force is 
generated that varies inversely with the size of the face operating clearance. 
Counteracting this opening force is the closing force due to the load being supported, 
if it is a bearing, or the external pressure being sealed, as in the case of a fluid film 
seal. The closer the faces come, the larger the repUlsive, or opening force. At near 
contact gaps, the opening force prevails and repels the faces away from each other. 
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When they move too far away, from each other, the closing force prevails and that 
brings them closer together. By this means a gap maintaining mechanism is 
established, based on force equilibrium. The system is normally self-regulating 
around an average film thickness. Further more, if the film is convergent i.e. the film 
thickness decreases in the direction of flow, then the average film pressure increases 
as the film thickness decreases giving a positive stiffness to the film and hence a 
stable fluid film. 
In the mid-late 50's, and on the back of the emergence of jet engine and nuclear 
power technology, extensive work was taking place in Europe to improve the 
performance of fluid thrust bearings, for both gas and liquid in those applications. 
As with the gas seals, the drive was to develop a more effective mechanism to 
separate the thrust bearing surfaces. So, the end goal was identical in both the seals 
and the bearings. Both products required adequate separation gap in order to 
function correctly. In all this, it was clear that what worked for thrust bearings 
worked equally well for gas seals and vice versa. 
Early work was carried out at the Atomic Energy Research Establishment [41] in UK 
into enhancing the hydrodynamic mechanism in the thrust bearings by adding 
herringbone type grooves to one of the surfaces. 
Later in the 1960s Muijderman [22], a Dutch researcher working for Phillips, made 
several technical publications on the concept of spiral groove bearings. His work 
was groundbreaking to the future gas seals from that point on. While the work 
applied to incompressible fluids and zero pressure drops, and relied on 1-D equations 
it served as a valuable basis for the development of spiral groove seal technology. 
Many software codes for spiral groove bearings and seals are based on the 
Muijderman equations. 
The development of computer technology enabled faster computation of computer 
models. This enabled more efficient and practical solution of the Reynolds equations 
[28] to predict seal performance both in I-D and 2-D models. Finite element and 
finite difference techniques started to applied to model seal flow. In equal measure, 
more robust material became available in the right combination of properties. 
In 1977, for the first time a gas seal was tested on compressed air at 1000 psi on a 
4.5" shaft for 1000 hours [29]. It was a face type seal where one of the faces carried 
17 
spiral grooves for extra hydrodynamic lift. Some pioneering companies took on the 
technology and developed gas seal products, mostly using the spiral groove design as 
proposed by Muijderman [22]. 
As time progressed, the operating requirements placed on compressors have steadily 
increased, particularly in terms of pressure. Nevertheless the industry has remaining 
with what it started off with, the spiral groove seal as well as the calculations 
originally derived by Muijderman. Alternative ideas and design concepts received 
little attention in theory and even less under experimentation. What useful research 
and development work has been done, has concentrated on the spiral groove seal and 
has largely remained confidential. Meanwhile material and manufacturing 
technology has marched on together with computational capability. Now one can 
achieve something, that before could not be done in terms of seal face geometry. So 
alternate and potentially better designs could now be viable. What was impossible to 
model before is now possible. 
The scope of this work covers two novel of gas seal concepts designed for high duty 
operation. One design incorporates a novel means of slot feed arrangement, 
supplying gas to the seal zone. 
The second design concept combines the slot fed design of concept 1 with a partial 
logarithmic spiral groove. This creates a totally novel and umque 
hydrostaticlhydrodynamic hybrid gas seal concept. To all extents and purposes, this 
design concept is unique and previously undocumented. 
Computer models are to be presented and developed for both designs. The model 
predictions are to be verified against detailed experimental tests carried out at the 
highest duty conditions currently expected of the technology, namely in the region of 
300 bar. A comparison is then drawn in terms of the respective model accuracy as 
well as the actual performance of the two design concepts 
In considering this work it is worth bearing in mind the complexity associated with 
accurately predicting the behaviour of a gas seal. A design that runs at an operating 
gap of just a few microns where the leakage is expected to vary with a cube of that 
gap. This is particularly so, in this case, where the seal has been designed for high 
duty operation and optimised for minimum operating gap. Larry Ludwig in a paper 
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by Shapiro [33] described mechanical seals as "the most unpredictable machine 
element". That observation is quite true. 
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2 LITERA TURE REVIEW 
Non-contacting gas seals emerged directly from gas thrust bearing applications and 
technology. It seems that as long ago as 1949 this type of bearing had formed the 
subject of a report by Whipple [41], which remained on the classified list until 1957. 
His work focussed on a thrust bearing containing herringbone type grooves.. This 
work was presented in a paper by Ford, et aI, published in 1957 [7]. Whipple was on 
the staff of the Atomic Energy Research Establishment in UK. It is from this 
research establishment, that the first literature referring to spiral groove thrust 
bearings seems to have come. No earlier references on this subject have been found. 
Key summary points stated by Whipple [41] were that geometrically, there are two 
differences between the theoretical and the practical cases. These were the curvature 
of the thrust bearing and the end effects caused by the squaring off the spiral 
grooves. Although recognised as important, neither of the two factors were taken 
into account. In addition, as pointed out later by Muijderman, [22], Whipple made 
no use of the continuity equation, nor the Reynolds equation. Instead, boldly and 
incorrectly assumed that the pressure build up in the grooves would be linear. 
In 1966 Muijderman published an excellent textbook [22] where he developed much 
of the classical theory associated with spiral groove bearings. And although it is 
focussed on bearing applications, the theory is totally relevant to spiral groove seals, 
which after all, can be deemed as a variant of the spiral groove thrust bearing. It is 
also worth reiterating that gas seals as a concept or design did not emerge until the 
early 1980's. And much of the information was deemed commercially sensitive and 
thus kept classified. Much of this is still the case now. In his book, Muijderman [22] 
refers to the very first account of the spiral groove bearings, i.e. flat axial gas 
lubricated thrust bearings in which one bearing surface is smooth and the other is 
provided with a recurrent pattern of spiral grooves. The profile of the spiral was 
defined as being logarithmic in its form. Figure 2 shows such logarithmic spiral 
groove geometry etched on the running surface of a seal. The profile is also 
described as a partial logarithmic spiral. That is, the grooves start at the outer radius 
and terminate part way down the seal face. The ungrooved region below them is 
termed as the dam. 
~-~- - ~~ ~----------~----
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Muijderman [22], took the work further , first taking on board the important 
considerations of his previous studies, such as the effect of the radial taper and the 
end effects of the grooves. In doing this, he was the first to consider the groove fonn 
itself. The investigators mentioned in previous references did not consider real spiral 
grooves, either in their theory or the experiments themselves. Muijderman [22J was 
the first person to present a theory for logarithmic spiral grooves applied to the 
running surface of the thrust bearing. 
--
.-
Dam region 
Figure 2: Logarithmic spiral groove 
-- ---.,, -
Spiral 
grooves 
Unlike Whipple[ 41 J, Muijdennan [22J , applied both the Reynolds equation and the 
mass continuity equation in obtaining a solution to the pressure distribution in the 
operating gap of the bearing.. He was undoubtedly the first person who developed a 
set of generalised equations for calculating the pressure across the groove pattern by 
assuming that the pressure has a linear profile across the grooves. Given this 
derivation, he then generalised to find the average pressure change per radial 
increment in terms of flow loss and the pumping effect due to the spirals. The 
equations are noted here for reference only. While they were originally developed 
for liquid bearings, the equations are readily modified to include a variable density as 
required for compressible flow as seen in a gas seal. 
dp 6r (j) 6m,u(l + y) 
-d = --h2 g1 - 1_ h 2 g99 
r 2 nrp fl1 2 
eqn.2.1 
The fi rst tenn in the above equation is a pumping term. All the geometry effects of 
the spiral groove are included in term g l. The second term is the leakage through the 
groove and dam regions of the grooved portion of the seal. The geometry effects 
here are included in the g99 term. 
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The pressure distribution over the dam portion (ungrooved section) is given by the 
following equation, based on laminar compressible axis symmetric flow. 
dp 6mf.1 
-
dr nrph3 
eqn.2.2 
Muijderman [22], also developed detailed formulations for taking account of the 
spiral groove end effects in predicting the performance of the spiral groove 
bearing/seal. The theory has been applied as part of the scope of this current work. 
Muijderman [22], developed the theory for predicting the pressure distribution across 
the face of a spiral groove bearing in 1-D only. The theory produces accurate results 
for a pure spiral groove bearing. However, they cannot be applied effectively to 
anything that deviates from a true spiral design as required by the scope of this work. 
An alternative formulation had to be used. Instead, a generalised two-dimensional 
numerical solution of the Reynolds equation was taken as a basis for developing a 
detailed model of the seal performance. 
James and Potter [12], presented a detailed description of a two dimensional 
numerical solution to the problem of the spiral groove bearing. They achieved this 
by taking the isothermal Reynolds differential equation and writing it in finite 
difference form for numerical analysis of the pressure distribution within the spiral 
groove thrust bearing. Then they developed appropriate jump equations, which 
provide flow continuity at the land-to-groove interfaces. To aid the solution, they 
apply a co-ordinate transformation to straighten out the grooves. The actual design 
of the bearing employed full spiral grooves from the OD to the ID of the thrust 
bearing, etched on one of the running surfaces. Gas flow, load support, static 
stiffness, power consumption, and compressor efficiency are computed. They 
conclude that for this particular design, the compressor efficiency increases with 
decreasing running clearance in the bearing. Also, an optimum spiral angle exists 
that gives the highest bearing stiffness. 
Cheng et al. [5] make a very extensive comparison of the spiral groove to the 
Rayleigh step profile and the orifice compensated seal. They discuss the pressure 
generation and static stability of face type seals. They developed an expression to 
estimate the effectiveness of hydrodynamic action in those seals as well as an 
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equation for the ratio of hydrostatic to hydrodynamic load. Some design data is 
presented for the hydrostatic step seal, hydrostatic orifice compensated seal, hybrid 
spiral-groove seal and the shrouded Rayleigh step seal. 
The main conclusions reached were: 
• To achieve a stable fluid film in a non-contacting face seal, it is necessary to 
have positive film stiffness, which can be derived either from hydrostatic or 
hydrodynamic action. 
• The ratio of achievable hydrodynamic or hydrostatic load is a function of 
fluid viscosity, surface speed, seal width, operating film thickness and the 
pressure differential. 
• The shape of the film gap has a very critical influence on the film stability, 
stiffness and leakage rate. A convergent film, that is one in which the film 
gap decreases with the flow, gives rise to a positive stiffness and hence 
stability. However, an excessively convergence is undesirable because it 
opens up the gap, reduces the stiffness and increases the leakage rate. A 
divergent film is unstable, leading to a collapse of the film and surface 
contact. 
• Positive stiffness can also be achieved by the following pnmary seal 
configurations: the hydrostatic step face seal, orifice compensated seal, 
hybrid spiral groove seal or the shrouded Rayleigh step seal. For optimum 
performance the seal should be designed to operate near maximum stiffness. 
This is normally achieved by running with the smallest film possible. 
Comparative analysis suggests that with the hydrostatic seal the maximum 
stiffness is achieved for a given set of design parameter, beyond which a 
further reduction in operating gap gives no further stiffness increase. 
Conversely it is suggested that with the spiral groove seal, negative stiffness 
is avoided if the grooves are located on the high-pressure side of the seal, thus 
pumping the fluid to the low-pressure side. 
• The paper predicts a progressively increasing stiffness with reducing gap 
(approximated by an inverse relationship between seal gap and stiffness. 
However, the predicted curve stops at a film thickness of 12.7 microns, with 
no information available for smaller film gaps. 
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Key at al [16] undertook a detailed analysis of a mechanical seal with deep hydropad 
slots distributed around the circumference of one face. The analysis was purely 
theoretical. The computational procedure was based on an analytical model utilising 
the Reynolds equation, which was solved using the finite difference technique. In 
the model, the hydropads induce the seal face to deform into a circumferential wave 
pattern leading to a hydrodynamic pressure generation. Their procedure allowed the 
computation of film thickness, pressure profile and the leakage rates, which are three 
of the most important performance parameters. The solution of the Reynolds 
equation using the finite difference technique was very effective. If applied to a soft 
material such as a carbon, the deep hydro pads induce the seal face to deform into a 
circumferential wave pattern, which hydrodynamically generates elevated film 
pressure and supplements the hydrostatic load support. Finally, they concluded that 
if circumferential deformation is expected, it must be fully taken into account in the 
model if that model is to have any degree of accuracy 
Gardner [9] presented a paper on a recent development on non-contacting face seals 
utilising spiral groove face technology similar to that shown in Figure 2. He 
described improvements that have been made to the general design of spiral groove 
seals to improve their pressure deflection characteristics, and the use of alternative 
face materials such as tungsten carbide and carbon. He also covered some 
operational characteristics of dry running spiral groove face seals. One such 
operational characteristic was the apparent effect of sonic flow on expected and 
actual leakage values. In testing the gas seals he observed an interesting phenomena 
in the form of sonic flow at the seal exit. He observed this from the seal leakage 
data, which showed the leakage to be roughly proportional to the pressure squared, 
up to 600 psi. After that the leakage was observed to be a straight line as a function 
of pressure. The latter, he concluded was due to the effect of sonic flow at the seal 
exit. Gardner felt that this feature would be very helpful for designing high-pressure 
gas seals due to the fact that the leakage would not be as excessive as if it followed a 
p2 relationship throughout the whole operating range. 
Shapiro et al [33] used the Muijderman model for predicting the performance of a 
spiral groove seal for a liquid oxygen (LOX) turbo pump, running at 35000 rpm and 
sealing a pressure of 52 bar. The analysis accounted for fluid turbulence and inertial 
effects. Shapiro hypothesised that the effects of turbulence upon the fluid film 
24 
performance would be the same as if the seal was operating in the laminar regime, 
but with a greatly increased viscosity. It thus produces greater load carrying capacity 
and higher viscous power losses than a laminar operating seal. 
He argued that because of the large pressure gradients and large operating film 
thicknesses, the flow through the seal would not be entirely viscous, and thus, inertia 
forces would be another significant consideration. The effect of inertia is to convert 
the pressure head into velocity head at sudden contractions. It would do this by 
producing steep pressure drops at those locations. It was also pointed out as an 
interesting observation, that a mechanical seal can be described as "the most 
unpredictable machine element". When one is working with an operating gap in the 
order of microns, that is not a surprising observation, and a very true one to that. 
Sedy [29] published a paper on improved performance of film riding gas seals 
through enhancement of hydrodynamic effects. This was the first reference to the 
use of spiral groove bearing lift technology applied to non-contacting gas seals. As 
with previous references, he utilised the Muijderman [22], derived equations for 
predicting the pressure distribution across the grooved and dam portions of the gas 
seal. Referring to past work carried out by NASA on compressible flow regimes in 
jet engine seals, he concluded that sub-sonic laminar flow which prevails at narrow 
sealing gaps gives the seal high stiffness and stability. Whereas larger gaps may 
encounter unstable regimes associated with flow transitions from laminar to turbulent 
as well as the effects of sonic flow at the exit. His calculations showed that seals 
indeed developed sonic flow at higher pressures (usually between 1.38 and 2.76 
MPa) and, therefore, some of the instability problems may have been caused by 
insufficient stiffness due a wide operating gap. Also, it seemed that, if it was 
possible to limit the leakage at high pressures and speeds, the seals could be made to 
work in a completely laminar subsonic region with none of the above problems. 
In equal measure, however, it was also realised that one could not always avoid sonic 
flow, particularly as the drive was for higher and higher sealing pressures. But if the 
flow could be made to be laminar many of the above mentioned problems would be 
overcome. Sedy [29] stated that for optimal performance of the seal, it is important 
that, if for any reason the gap between the sealing faces suddenly decreases, the 
opening force should increase sharply to prevent face-to-face contact, and make the 
faces open back up to the original equilibrium gap. Through detailed computer 
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based analysis Sedy [29] claimed that a purely hydrostatic lift is not as effective in 
providing this opening force increase (stiffness), as is the hydrodynamic lift. The 
analysis pointed basically in the same direction. On the subject of design, Sedy [29] 
concluded with the following points: 
Low leakage was desirable to preserve laminar flow through the seal. To achieve 
this one needed a narrow operating gap and/or a wider seal dam. Secondly, it was 
desirable to design a seal with a narrower operating gap or a wider dam to lessen the 
cooling effect of the expanding gas. Thirdly, the high stiffness requirements also 
translate into a narrower gap because film stiffness goes up with decreasing film gap. 
In other words, the core objective must be to have a gas seal with the lowest possible 
operating gap of all if the abovementioned benefits are to be realised. Based on the 
above work a set of design rules were put forward for a spiral groove seal. These 
being: 
• Utilise large balance ratios 
• Use wide sealing dams. 
• Use wider face width. 
• Modified face cross-section. 
Albeit on the latter, little evidence was offered in the paper. 
Sedy [30, 31] also published paper and a patent where he described in detail methods 
used to compensate for radial taper distortions. The basis of the work was again 
based on the theory developed by Muijderman [22]. The paper showed that at 
certain conditions a mechanism is available, which responds to any angular face 
deflection with a moment, which twists a stationary low-modulus seal ring back 
towards the parallel position. He claimed that it minimised angular deflections and 
also almost eliminated fluctuations in gap width. The result is a more stable seal 
characterised by very little variation in leakage. The paper shows that it is possible 
to separate hydrostatic and hydrodynamic components of the seal stiffness. The 
paper's conclusions focus on the importance of seal stability for long life. The 
concept of high-stiffness operation, together with radial stabilisation is core to this. 
Another point highlighted is the limitation of attainable hydrostatic stiffness. It is not 
only the equilibrium film stiffness that is important in the seal design, but also the 
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stiffness at very narrow film thicknesses when, at some point along the seal 
circumference, the faces are in danger of contact. Sedy [30, 31] did not quantify 
what these narrow film thicknesses are, but the current author's more recent 
experience states those gaps to be in the region of 0.4 to 0.5 ~m. 
Basu [3] presented a paper on the analysis of a radial groove gas face seal. The 
design analysed an outside pressurised, bi-directional gas face seal. The seal face 
was made up of a hydrodynamic section, consisting of alternate regions of land and 
groove, and a hydrostatic dam area towards the inner diameter. 
The compressible Reynolds equation was solved over a radial groove hydrodynamic, 
by both finite difference and finite element methods. The former algorithm was seen 
to be about two to three times faster than the latter. Basu [3] argues that both the FD 
and the FE method give quite agreeable opening force values. The FD method was 
found to be more than twice the speed of the FE method. Although he also suggests 
that the FE method is more versatile and can be adapted easily to other 
hydrodynamic geometries such as spiral groove, circumferential Rayleigh pad and 
the like. It is worth noting that this observation is contested by more recent 
publications. For both the FD and FE method, the author used the Newton-Raphson 
algorithm to linearise the non-linear set of algebraic equations, whereas the SOR 
(successive over relaxation) type iterative method was chosen to solve the resulting 
matrix equation. It was noted that SOR was extremely slow and a direct solver, such 
as Gaussian elimination would have been better. Basu [3] also states that for high-
pressure applications radial inertia should be included to allow for choking at the seal 
outlet. This has been adopted in the model developed as part of this research. 
Zuk at al [43] presented analysis for compressible fluid flow across gas film shaft 
seals and narrow slots. As a basis, Zuk used the classical viscous, isothermal, 
subsonic compressible flow analysis as per Gross [11]. The flow was analysed using 
a quasi-one-dimensional integral method, which included fluid inertia, viscous 
friction and entrance losses. The analysis applied to both turbulent and laminar flow 
as well as subsonic and choked flow conditions. Results show that a parallel film 
can have positive film stiffness under choked flow conditions. Zuk at al [43] 
presented two equations for taking account of the entrance losses and with it, 
introducing empirically determined entrance loss coefficient CL 
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Zuk at al [43] made some important remarks on the physics of compressible seal 
flow. Static pressure drops to overcome flow friction. The pressure drop increases 
the specific volume of the fluid. Since the area change is negligible, the mean 
velocity must increase as the specific volume (m3.kg- l ) increases in order to maintain 
the same mass flow rate at each section of the leakage path. As the velocity 
increases, the fluid momentum also increases, which requires additional pressure 
drop. This results in an even greater increase in specific volume. The process will 
continue until the end of the leakage path or until the fluid reaches the maximum 
(choking) condition, which will occur, when the Mach number is equal to 1 at the 
exit (exit velocity being sonic). 
Should the Mach number reach a value of 1 somewhere along the leakage path 
interior, it is expected that behaviour similar to duct flow will occur. For duct flow it 
can be shown that the flow process will adjust itself until the point at which the Mach 
number reaches 1 is shifted to the exit of the leakage passage. The mass flow rate of 
the fluid is the maximum which can be handled for a given inlet density and passage 
cross-sectional area. This process flow is known classically as Fanno flow line. 
The entrance velocity loss may be negligible in subsonic viscous flow compared to 
the total pressure drop; however, under choked conditions the entrance velocity head 
loss is no longer negligible. This results in an entrance pressure loss. Also under 
choked conditions, the exit pressure is larger than the seal downstream pressure and 
increases with film thickness. The pressure decreases through expansion waves to 
the seal downstream pressure (normally 1 bar g). However, these expansion waves 
do not significantly affect the axial force balance on the seal. But they significantly 
alter the opening pressure profile and the consequential leakage. On some rare 
occasions, choking can occur at the seal entrance. However, that is not foreseen in 
the case of this study. 
Zuk at al [43] also state that the result of accounting for the entrance loss would 
result in a decrease in the mass flow rate. It is stated that an entrance loss coefficient 
equal to 0.6 gave excellent agreement with experiment. This value would be utilised 
in the subsequent model. 
Laurenson et al [19] described preliminary experiments with front slot fed 
hydrostatic face seals. Here it is important to make a distinction between this and the 
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rear slot orifice fed design. As per the description, the slot is fonned on the running 
surface of the seal face. The front slot controlled hydrostatic seal has been proposed 
as an alternative to the capillary controlled and orifice controlled seals. The 
advantages of slot control lie in simplicity of manufacture and improved reliability in 
conditions where there is a danger of very small passages being blocked by 
contaminant particles in the sealed fluid. The main disadvantages are inferior fluid 
film stiffness, only 50% of that for orifice control and 70% of that for capillary 
control, and the possibility that if wear takes place on the seal face, the slot depth 
will be reduced with consequent reduction in clearance. This would not be an 
acceptable scenario in a non-contacting gas seal that is destined for the marketplace. 
Plots of variation of recess pressure in the slots, with clearance were made and they 
were found to show good agreement with theoretical predictions with a tendency for 
pressures to be slightly below predicted values. Multiple tests were undertaken with 
slot depths down to 15 J,lm, with no evidence of contact. As predicted, the leakage 
dropped with reducing slot depth. Certain hydrodynamic effects were observed, 
suggesting that the slot may playa role, albeit a small one. It was concluded that the 
slot controlled hydrostatic seals operate successfully in maintaining low leakage rates 
with no apparent wear. Although the author did contemplate possible wear over 
prolonged operating periods due to contact of contaminant particles with the moving 
faces. 
In further work, Laurenson et al [20] studied the hydrostatic design in more detail. 
They brought to the readers attention the key fact that a hydrostatic seal has much in 
common with the bearing design. But two factors have more significance for the seal 
designer: leakage and the existence of a pressure gradient across the seal face. They 
presented a typical design procedure for a hydrostatic seal. This included a decision 
on external face dimensions, recess width, desired running clearance and the type of 
flow control (such as an orifice). Finally they claimed that there existed an optimum 
radial position of the recess. 
Kouga and Fugita [18] presented analysis on a radial taper hydrostatic face seal as 
often used in high-pressure water applications such as reactor cooling pumps. They 
took previous work for incompressible flow and adapted it to cover the gas flow 
dynamics of a hybrid taper flat face seal, and the equivalent annular arrangement. 
The seal gas stability was discussed, along with various tests to confinn 
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performance. It is reported that the work has enabled gas seals to achieve sucessful 
operation in high-speed applications. The flow was assumed to be subsonic, laminar 
and the gas were assumed to be perfect. The analysis was undertaken in I-D. 
Kouga and Fugita [18] utilised entrance loss coefficients, but do not indicate their 
ongIn. 
In their earlier paper, [17], Kouga and Fugita included inertia losses at the entrance 
and the discharge. Subsequent discussion and feedback from other persons indicated 
that the effect of including those inertial effects at the entrance and to a lesser degree 
at the exit would be to reduce the seal leakage. 
Zuk and Ludwig [43] presented a very detailed paper on the analysis of rotational 
effects on compressible viscous flow across shaft face seals. The flow across a 
parallel dam of the type that appears in non-contacting shaft face seals was analysed 
for steady, laminar, subsonic, isothermal compressible flow with relative rotation of 
the sealing dam surfaces. They considered the effects of rotational effects on the 
leakage rates, pressure profiles and other physical quantities. Firstly analysis 
suggests that for laminar flow across the isothermal compressible sealing dam, the 
change in mass leakage due to relative surface rotation would appear to be important 
when the surface speed is very high (e.g. 36000 rpm). Analysis suggests that 
rotational effects appear to be negligible for cases where the radial pressure 
differential is large, the gap is small and the rotational speed is moderate. This 
would contrast markedly if the sealed medium was to be a high viscosity liquid. It 
was also found that the parameter governing the flow regime for radial flow in most 
seal problems would be the Mach number, rather than the pressure flow Reynolds 
number. This is true for very small gaps, as calculations would indicate that the flow 
would become choked in the radial direction before the transition (laminar to 
turbulent regime) pressure-flow Reynolds number is reached. Choking will of 
course occur when M=1. The limit of this analysis is valid for M < 1/y l/2. The 
minimum transition Reynolds Re2h (based on the average velocity and hydraulic 
diameter) will be between 2300 and 6000. 
For the case of only circumferential shear flow with no imposed radial pressure 
gradient, the flow will remain laminar until a certain critical rotational Reynolds 
number is exceeded; then the flow will become turbulent. For this case, the critical 
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rotational Reynolds number for transition appears to be the simple Couette flow 
transition Reynolds number. Thus, Rer=Rmcohp/)l.=1300. 
The smaller the gap, the longer the transition speed, is delayed. Thus. the wall has a 
stabilising effect on the flow. So for a 1 foot diameter seal operating at room 
temperature and pressure, the transition speed would be 71500 rpm for a 25 )lm gap 
and 179000 rpm for a 10 )lm gap. The seal design under the scope of this work is 
designed to operate at gaps of 1/5 of that, speeds of 12000 rpm and a large pressure 
gradient (> 1.5: 1). Thus in this case it is the radial flow regime and not the 
circumferential one that dominates. 
So to conclude, based on the work presented by Zuk and Ludwig [43], when one has 
a seal with high-pressure gradients and very small gaps and speeds, the rotational 
effects are negligible. Further more, their effect becomes invalid if the seal flow is 
choked. Thus, the centrifugal force does not have an appreciable effect on gas mass 
flow for moderate or large pressure ratios «1.5:1) and moderate rotational speeds. 
H S Cheng, C Y Chow, and D F Wilcock [5] presented a paper on the behaviour of 
hydrostatic and hydrodynamic non-contact face seals. In this paper the pressure 
generation and static stability of face type seals were discussed and an expression 
was develop to estimate the effectiveness of hydrodynamic action in this type of seal. 
The following factors were considered in detail: 
Pressure in the fluid film can be generated by two actions. One such action is 
hydrodynamic, and is generated by the relative motion between the sealing surfaces 
and the second one is hydrostatic, which is generated by the pressure differential 
across the seal (see eqn. 2.3 and eqn. 2.4) 
The ratio of the hydrostatic to the hydrodynamic load <p can be used to indicate the 
effectiveness of hydrodynamic action in carrying the load of a face seal 
If the fluid film at the seal interface is convergent, i.e. the film thickness decreases in 
the direction of the flow, then the average film pressure increases giving a positive 
stiffness and hence a stable film. 
Aside from a convergent film, other types of primary seal configuration can also 
achieve a stable film. These include: hydrostatic step seaL orifice compensated seal. 
hybrid spiral groove seal and Rayleigh step seal. 
--~---~---------- - --
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To achieve a stable fluid film it is necessary to have a positive film stiffness, which 
can be derived from either hydrostatic or hydrodynamic action. 
The ratio of achievable hydrodynamic or hydrostatic load is a function of the fluid 
viscosity, surface speed, radial seal width, operating film thickness and the pressure 
differential. 
A convergent flow gIves nse to positive film stability. Excessively large 
convergence will result in a large film thickness, reduced film stiffness and an 
increase in leakage. 
To permit tracker runner motion without diminishing film thickness excessively, the 
primary seal must have a high stiffness gas film and a low mass. 
Load carrying formulae: 
Maximum achievable hydrostatic load = (P o-Pi)A 
eqn.2.3 
Maximum achievable hydrodynamic load = fd6JlUbAlh2 
eqn.2.4 
Ratio of hydrodynamic to hydrostatic: <p = fd6JlUb/(Po-Pi)h2 
eqn.2.5 
Stolarski and Xue [37] presented a paper on the principle of operation and the 
performance of a back depression hydrostatic gas seal, also taking into account the 
roughness and deformation effects. To all extents and purposes, this was what is 
referred to as the Slot Feed design in the subsequent sections of this thesis. The 
following model considerations were made in this study: 
The film thickness incorporates a roughness model proposed by Christensen (eqn. 
2.3). The model takes into account the longitudinal and transverse roughness relative 
to the direction of motion. 
Stand alone, uncoupled finite element method was used to find the shape and 
deformation of the static face under pressure load. 
The fluid film pressure was analysed using I-D orifice flow equations. The pressure 
profile distribution and the resultant equilibrium gap were calculated using an 
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iterative routine in converging to an equilibrium condition where the closing forces 
were equal to the opening force. 
The orifice pressure P2 in the feed slot is calculated by solving a simplified Reynolds 
equation and then used to calculate the above mentioned pressure profile distribution. 
Mass continuity of fluid flow is established between the two inlets to the seal 
interface and the exit. 
For ultimate equilibrium of the fluid film gap, the opening force Wo must equal the 
closing force W c. The opening force is derived from the calculated pressure profile 
in the seal gap. The closing force is the sum of the external seal gas pressure and the 
spring force, multiplied through by the balance factor B of the seal. 
When predicting performance, further variables were considered. These were: 
• Interaction between two parallel smooth faces. 
• The equilibrium position is when Wo=Wc. By changing the closing force, the 
equilibrium operating gap would change as well. 
• Interaction between two parallel rough faces. The roughness will cause the 
opening force to decrease, thus causing a reduction in film gap bo. 
In closing, the authors reached the following conclusions: 
• The hydrostatic seal featuring back depression grooves proved to be a 
practical proposition when operating at limited pressures up to 15 bar and 
rotational speeds of 1500 rpm. 
• An analytical model must include elastic deformation effects of the stationary 
face in order to produce more realistic results. 
• The main controlling parameters are the balance ratio B, the gap depression 
ratio ho/hv, the radial position of the feed orifice slot R2 and the depth of the 
rear feed slot. 
• Within the limited operating speeds considered by this study_ the design 
demonstrated negligible hydrodynamic effects. 
The work undertaken by Stolarski and Xue [37] formed the starting point and the 
first of the two research objectives detailed in this thesis. The design was described 
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as a back depression hydrostatic gas seal. For clarity. in all subsequent chapters this 
design will be called the slot feed gas seal, abbreviated to SF design. 
Toumerie et al [39] presented a paper on optimisation and performance prediction of 
a grooved face seal, both for liquids and gases. The paper presented a 2-D finite 
element method to solve the Reynolds equation and obtain a solution to the fluid film 
domain. The model was very basic and took no account of the influence of the 
structural domain on the seal equilibrium. The chosen groove geometry was that of a 
logarithmic spiral, as per Figure 2. A series of experiments were carried out at 
pressures up to 70 bar and speeds of up to 2400 rpm. The experimental results were 
then compared with basic model prediction and some optimum values established. 
One of the key results showed that there existed an optimum film thickness, which 
produced a maximum load carrying capacity. This was found to be in the region of 
14-16 ~m. Further more, it was found that there existed an optimum spiral groove 
angle U, which gave the seal a maximum stiffness. This was found to be 
approximately 17°. This ties in extremely well with author's own experience based 
on commercially classified experimental data. This found the optimum spiral groove 
angle to be 15°. The results of this published work played a direct influence in the 
selection of the final design parameters of the novel groove geometry covered by this 
thesis. 
Sneck et al [36] presented a paper where they applied the solution of the 2-D 
Reynolds equation to predict the performance of a spiral groove seal. The model was 
much simplified by adopting a "narrow seal" approximation. With this model 
simplification the radial face width was not discretized into a number of segments. 
but rather simply taken as an average radial width. 
Results of the "narrow-seal" analysis were found to compare favourably with those 
obtained by Muijderman [22]. Sneck also concluded, somewhat unsurprisingly that 
the inward pumping effect increased substantially with rotational speed. He also 
claimed that this inward pumping effect did not change with direction of rotation. 
However, every other relevant reference, starting with Sedy [29], contradicts that 
completely. That is, if a spiral groove seal is rotated backwards. the grooves will 
effectively pump out the gas and lead to a collapse in the fluid film. 
Lebeck [21], presented a detailed survey on the best means of solving the Reynolds 
equation, both for incompressible and compressible flow in 2 dimensions. Two 
options are available, the finite element and the finite difference method. In 
considering the solution of the Reynolds equation for laminar and compressible flow. 
the main difficulty cited has been in finding a solution method that will reliably 
converge and will not demand excessive computing time. The compressible flow 
problem results in non-linear finite difference equations for which a direct solution is 
not possible. Lebeck [21], refers to detailed work undertaken by Szery [38], who 
presented a survey on the various methods used to solve the Reynolds equation. For 
compressible flow, the most favoured method due to the simplicity of formulation is 
the Newton method based. This method was adopted for the solution of the 
Reynolds equation as part of this research. 
As a related body of work, the author undertook an investigation into the feasibility 
of utilising CFD techniques to model the fluid film domain within a gas seal. This 
took place at the start of the research program. For this purpose a proprietary CFD 
package was used as a basis, namely Ansys CFX [2]. A major problem presented 
itself early on in the exercise. This was encountered when attempting to model the 
thin film gas film found in a non-contacting gas seal. Those gaps would be in the 
order of 2-5 Jlm. However, the seal interface would be in the order of millimetres in 
size. Hence, in order to effectively mesh such fluid domain, one would have to use 
elements having extremely large aspect ratios. The element length would have to be 
in the order of millimetres long in one direction, and sub-micron in length across the 
fluid film. It proved nearly impossible to reliably mesh and analyse such geometry. 
Attempts to reduce the aspect ratios to more manageable levels resulted in massive 
model size computational time. As a consequence of these early problems, the use of 
CFD as a potential tool for modelling the thin film behaviour in a non-contacting seal 
was abandoned. Instead, the author focussed on the application of the Reynolds 
equation for the analysis of the fluid film domain and any associated lift groove 
geometry. 
A number of alternatives to the logarithmic spirals have been developed. However, 
very little detailed technical publications are available. The vast majority exist in the 
form of granted patents. One such groove geometry was proposed and patented by 
the Kaydon ring and Seal Company [141· The unidirectional and bi-rotational 
variants are shown in Figure 3. Both variants feature partial circumferential slots 
connected to the outside with shallow radial slots. They utilised tapered ramp 
geometry of the groove. 
.---------Patented Tapered Ramp 
Lift Geometry 
Uni- or Bi-Oirectionol Lift Geometry 
Figure 3: Kaydon tapered ramp groove geometry [14] 
The groove concept does not utilise any inward geometric pumping feature. In order 
to achieve bi directionality, the groove geometry is mirrored about the partial radial 
feed grooves, which are the circumferential grooves. No information is given about 
the load carrying capacity of this particular concept. What is probable is that due to 
the absence of the inward pumping feature , the hydrodynamic effect would probably 
be limited. Further more , because the radial feed grooves are on the front of running 
surface, it means that the leakage through them would be a function of two variables: 
the physical geometry of the groove and the variable depth of that groove due to the 
viable film gap. No further detailed technical information on the operational 
characteristic of this concept could be found. 
Goldswain via a patent [10] and then Pecht and Goldswain [24] in a technical paper 
presented alternatives to the established spiral groove lift geometry. They 
particularly focussed , on a type of hydrodynamic lift geometry, which would offer 
bidirectional capability. They saw this as an important development requirement 
given that the unidirectional logarithmic spiral only offered unidirectional capability. 
In fact it is wide ly acknowledged, that if a spiral groove seal was to be rotated in the 
reverse direction for even a few minutes. the grooves would pump all the gas out of 
the seal interface, resulting in a total collapse of the film. full face contact and 
catastrophic failure . In order to overcome thi s majo r limitation of the unidirectional 
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logarithmic spiral groove, they proposed the ' Christmas tree groove design, as 
shown in Figure 4. 
While strongly advocating the true birotational capability, the paper also 
acknowledged the inferior load carrying capacity of the "Christmas tree" design, 
compared to the unidirectional logarithmic spiral. The authors do not go into any 
detail explaining the reasons for this, but from this author's experience, the reduced 
load carrying capacity of the "Christmas tree" is due to the fluid cascading over the 
trailing edges of the grooves, rather being pumped directly to the inner circumference 
and the ungrooved portion, as is the case with the logarithmic spiral. The "Christmas 
Tree" groove design is in commercial production with John Crane [13]. 
- -----
Figure 4: "Christmas tree" lift groove design 
Another variant of the bi-rotational hybrid lift design, not utilising the spiral groove 
was presented in a patent by Victor [40]. And subsequently in a report prepared by 
Neale Consulting Engineers [23]. The geometry does not utili se any geometry 
angles, but instead utilises square and rectangular geometry, in the form of aT-slot. 
It is similar to the Kaydon [14] profile mentioned earlier, but does not employ a 
tapered groove depth profile. This design of lift groove geometry is in use with the 
Flow Serve Corporation [8] in their bi-rotational gas seals. This is also the reason 
why no further technical information on this concept is available in the public 
domain. 
-. 
Figure 5: T -slot lift groove geometry 
As yet another bi-rotational concept, Victor [40] describes a triangular lift geometry, 
as shown in Figure 6. In some respects, it is a simplified design of the John Crane 
"Christmas tree" profile [10]. One interesting feature of this particular profile is the 
fact that the entrance to the grooves is very small relative to the overall groove 
geometry. The intent of this design feature is probably to keep the leakages to a 
mInImum. However, the potential disadvantage lies with the fact that the grooves 
could be starved of gas, thus limiting their load carrying capacity. As with other 
patents, no further technical information could be found. 
Figure 6: Triangular hi-rotational groove geometry 
Sedy [3 2] put forward a novel variant of the conventional spiral groove face gas seal. 
In terms of surface profil e, the seal ut ilised a conventional partial logarithmic spiral. 
identica l to the one cited in reference [31]. The uniqueness of the de ign wa in the 
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fact that the spiral groove depth was not uniform. but stepped. as sho\\-n in F i $lure 7. 
The deeper groove section is located in the outer half of the groove and the shallo'v\-er 
groove section was located at the inner half of the groove. The stepped spiral 
concept sought to address a key drawback of the logarithmic spiral. namely its very 
poor static break out torque characteristics. The purpose of the inner shallower 
section of the spiral was to provide better seal face separation under static conditions 
(zero speed). The purpose of the deeper outer section of the spiral was to provide the 
required hydrodynamic operation, which relies on the grooves being relativel y short 
in length, but deep. As is the case with the other referenced patents. there is very 
little divulgence of technical material. 
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Figure 7: Sedy stepped spiral [32] 
Another design variant of the logarithmic spiral was developed and patented by 
Shimizu [34] and shown in Figure 8. In principle, it is a two part logarithmic spira\. 
The claimed design intent here is for the first outer part of the logarithmic spiral to 
generate hydrodynamic lift. The purpose of the backward swept ' tails is to reduce 
the leakage of the seal due to the pumping effect of the main spiral grooves. 
However, Shimizu does not give any further description or explanation as to how thi s 
is achieved. 
39 
Figure 8: Two part logarithmic spiral groove geometry 
A slot fed hydrostatic concept has been cited on a number of occas ions and has 
received extensive attention. However, it is clear that it has never tested to high 
operational duties and thus, its claimed performance at these and reduced gap 
conditions have never been proven. In equal measure, the logarithmic spiral groove 
design has also received detailed attention. Albeit, the more intricate aspects of its 
performance have still been kept out of public domain. A significant number of 
alternative groove geometries have been investigated and presented in varying 
degrees of detail , ranging from technical papers, to patents. 
Extensive literature review did not yield a single reference or publicati on on the 
concept of a non-contacting gas seal which combines the slot feed element of a 
hydrostatic gas seal as presented by Stolarski and Xue [37] with a spiral groove 
geometry, as originally presented by Muijderman, [22] and later by Sedy [29]. No 
work has been cited on such a proposal and there is no evidence of such a concept in 
existence anywhere. To all extents and purposes, this is a truly novel and unique 
design concept fo r a non-contacting gas seal. The research into this proposal form s 
the basis of the second objective of the work detailed in this thes is. 
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3 RESEARCH OBJECTIVES 
3.1 OBJECTIVE 1: DETERMINE THE PERFORMANCE OF THE SLOT 
FEED (SF) DESIGN AT ELEVATED PRESSURES AND SPEEDS. 
CORRELATE PREDICTIVE THEORY WITH EXPERIMENTAL 
RESSULTS 
The first objective is to determine the performance of the slot feed design of non-
contacting gas design (referred to as the SF design). The performance of the seal is 
to be evaluated across a high duty-operating envelope. The test pressure range is to 
be 0 to 300 bar, speed range of 6000 to 12000 rpm and a maximum operating 
temperature of 120°C. In terms of the established technology, the combination of 
pressure and temperature puts the operating conditions at the very extreme of the 
performance envelope. To achieve this, a fit for purpose cartridge design of the gas 
seals is to be designed and made. 
The next requirement under this first overall objective is to correlate the theory to 
experimental results. To achieve this, detailed theory is to be developed. Based on 
this theory, a computer model is to be built to predict the performance of the given 
seal design. An appraisal of the performance is to be given highlighting the major 
benefits as well as drawbacks. 
3.2 OBJECTIVE 2: PROPOSE A NOVEL DESIGN OF NON-
CONTACTING SEAL. DEVELOP THE PREDICTIVE MODEL AND 
CORRELATE THEORY WITH EXPERIMENTAL RESULTS 
The second objective is to propose a new and totally novel design of non-contacting 
gas seal incorporating a unique lift geometry - The proposed design is to combine 
the slot feed feature of the SF design with a partial logarithmic spiral groove 
geometry, in effect creating a hybrid concept (referred to as the SFLS design - slot 
fed logarithmic spiral). A set of test seals are to be made and their performance 
determined experimentally across the entire high duty performance envelope of 0 to 
300 bar. 6000-12000 rpm and 120°C. 
To validate the performance. a suitable theoretical model is to be developed to 
accurately predict the performance of the above design and validate the experimental 
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data. The computer-based model is to be enhanced and developed with the aim of 
creating an effective analysis and performance evaluation tool. Using the de\'eloped 
theory and the computer-based model, model predictions will be correlated against 
experimental results. An appraisal of the performance is to be given highlighting the 
major benefits as well as drawbacks. Finally, the performance of the two designs is 
to be compared and suitable conclusions to be drawn up 
In order to achieve the experimental elements of the above objectives, specialised 
test equipment is to be designed and built. Also, a dedicated test facility is to be 
designed and built on the premises of the School of Engineering, to enable the 
undertaking of all the necessary performance tests. 
For effective testing and validation, two tandem cartridge seal designs have been 
engineered and produced, each one capable of operating within the prescribed 
performance envelope. 
4 DEDICATED GAS SEAL TEST EQUIPMENT AND 
TEST FACILITY 
4.1 RIG SPECIFICATION 
A dedicated test facility had to be designed, built and commissioned. The facility 
had to provide the capability to fully test and measure the performance of the gas 
seals under investigation, across their entire duty conditions of pressure, speed and 
temperature. 
Detailed research, planning and design by the author, went into the every element 
and aspect of the test facility. Every key module was conceived. specified, designed 
and constructed, ground up. This made the facility totally original in every way. 
One of the biggest limitations for the installation was the available space. Thus, 
from the outset, the test facility, including the rig was designed to be optimum in 
terms of compactness, and modular. 
Part of the Brunei University Tribology Laboratory was set aside to house, both the 
test rig as well as the data acquisition and control modules. Figure 9 shows a solid 
model view of the test facility, as it was finally designed and ultimately constructed 
and commissioned. 
Figure 9: Cutaway isometric view of the gas seals test facility 
4.1.1 Summary of test rig operating envelope 
Drive speed range: 
Pressure capability: 
Temperature capability: 
0-15000 rpm 
0- 400 bar 
20-220°C. (using suitable flexible or rigid hoses) 
Cooling system requirements: 45kW 
Cooling water supply requirements : water @ 42 Umin @ 1.5 bar at 293 Kel vi n. 
4.1.2 High pressure test gas (air) supply requirements 
Minimum continuous stable pressure: 350 bar 
Free air de livery 800 Umin 
A HalTIWorthy compressor capable of delivering 1550 I/min FAD at maxImum 
pressure of 4 14 bar was sourced to suppl y the necessary air for the test facility. 
4.1.3 Pipe-work specification: 
All rigid high pressure gas supply pIpe work was constructed from annea led . 
seamless 316 stainless steel tubing to ASTM A269, 10mm O.D. x 2 mm \\'all 
thickness. Max working pressure 670 Bar. The rigid pipe-work connected to the 
vessel through a wall mounted manifold and flexible tubing with quick release dry 
break couplings. 
4.1.4 Test rig frame 
An engineered test rig frame was designed (Figure 10). This houses the motor. the 
drive train and is equipped with mounting points to allow for attaching of the test 
vessel containing the gas seals. 
Figure 10: Test rig frame with S129 test vessel in place. 
4.1.5 Drive train specification 
In order to achieve the necessary operat ing speed of the gas seals. a dedicated drive 
tra in was des igned and manufactured . This comprises of the driy motor. step up 
pull ey sys tem and transmi ss ion shafts. Detail s hm'e been gi\'en b 10 \\' : 
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4.1.5.1 Motor 
SIEI Ltd Foot mounted Vector Motor and Frame 
Rated 105kW 
Max. shaft speed 7500 rpm @ 106 Hz. 
Full load current, 189 Amps 
4.1.5.2 Step-up pulleys 
Engineered bearing housings, pulleys and shafts. 
Flat belt drive 
Step up ratio 2.2: 1 
4.1.6 Motor Controller & Associated Equipment 
To house the power electronics, the frequency inverter and control hardware for the 
drive motor, a separate control unit has been provided. The specification is shown 
below. 
IP54 protected enclosure - 1800 x 800 x 500 mm 
Door Isolator & Emergency stop button 
RS485 Serial interface to link with RS232 port on pc. 
Dynamic braking unit - 85 Amps 
Power supply: three Phase 380 - 460 Volt (+/- 100/0) 50/60Hz supply. Rated to 300 
Amps. 
4.1.7 Pressure Control Module 
The custom engineered, wall mounted control module (Figure 11 and Figure 12) is 
designed to allow the operator to manually control the pressurisation of the test 
vessel and the seals inside it. Figure 13 shows a P&ID diagram for all the 
components in the module. 
~~~~~-~- ---~-
The module is designed to test two single or two tandem seals. back to back. It is 
equipped with fine and coarse pressure control , the former from 0 to 50 bar and the 
latter from 0 to 350 bar. The interspace location between the inboard and outboard 
seal cartridges may also be regulated over a similar range, to enable the testing of the 
OB cartridges. For isolating and testing of the inboard seal pair only, the control 
module allows the interspace to be vented to atmosphere. All components wi thin the 
control module are rated to 400 Bar, the pipe work to 670 Bar. 
In addition to the above, the control module collects seal leakage from the leakage 
ports of the test vessel and then directs that to the mass flo w meters. The module is 
also equipped with pressure transducers to measure the system pressure at various 
points in the test vessel. 
Figure 11: Model of gas seal pressure control module 
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Figure 12: Gas seal pressure control module 
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Figure 13: P&ID diagram of the gas control module 
4.1.8 Gas Lea ka ge Mo nitorin g & Instrum entatio n module 
Vo n t 
o 
.. , 
Ven ! 
o 
One of the most important performance indicators for a m chani cal sea l th 
I akage. To fac ilitate accurate mea ur ment of leakage the test faci litv ha been L. 
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equipped with a bank of dedicated thermal mass fl ow meters (Figure 14 and Figure 
15 ). 
Manufacturer ABB 
Model : VT-S / V14222 
Output: 4 - 20 mA 
Pressure range: 0 - 40 bar (gauge) 
Volume flow range: 0 - 400 IImin 
Temp. range: 248 - 423 Kelvin 
Flow meter accuracy: +/- 1 % of full-scale deflection (FSD) 
In terms of flow meter accuracy, this is as accurate as one can practically get without 
then having the compromise on the available flow range. 
Flow conditioning pipe (inlet) 
INLET \ 
• I , 
Flow conditioning pipe (outlet) 
I I L I ---+--_ 
\lI- ------'"tIen~~ltm~ 
Figure 14: Single Flow-meter assembly - side view 
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960 mm min 
Figure 15: End view of cascaded flow meters - bank of 4 units 
4.1.9 Gas Pressure and Temperature Monitoring & Instrumentation 
Gas temperature sensing is carried out within the test vesse l using Platinum 
Resistance Thermometers, (PRTs) inserted deep in the vessel through the gas ports 
using suitable adaptors. These are connected to the data acqui sition module using 
screened cables. 
Specification:-
Manufacturer: TC Ltd, type: 16 
Diameter: 3 mm sheath 
Length: 400 mm 
M T 1500 C ax . emp: J 
Current: 5mA 
Transducer accuracy: +/- 0.5 0 C. 
Pressure transducers mounted w ithin the gas contro l module measure the pressure in 
the test vesse l pressure at the vessel centre (seal inlet). inter-space (inboard ea l 
di scharge) and outboard (outboard seal di scharge) locations. The transducer are 
connected to the data acq uisition module using screened cables. The tran ducer 
accuracy across the full pressure range i +/- 0.2 bar. 
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4.1.10 Data Acquisition & monitoring system 
The custom designed and manufactured DA module provides the supply yoltage to. 
and receives data from the pressure transducers~ flow meters and PRTs. It also 
controls the motor drive system. The analogue input data is processed and 
transmitted in digital format via a USB 2.0 link direct to the PC. All the hardware is 
mounted in a singled box on the wall in the test room. 
4.1.11 Software: 
F or all data acquisition, real time monitoring and data storage~ a custom developed 
control software is used. This is based on the National Instruments LabVIEWTM suite 
of DA tools and is a stand-alone application~ run locally. Test result data is captured 
and stored in a format recognised by Microsoft ExcehM. 
Input channels: 
Pressure :Cell centre, DE & NDE interspace, DE & NDE Outboard 
Temperature: - Cell centre DE & NDE interspace, DE & NDE Outboard 
Leakage:- DE & NDE interspace, DE & NDE Outboard 
Motor Torque. And motor Speed. 
Labview Fieldpoint Software, as supplied by the National Engineering Laboratory 
was the basis for the data acquisition software. It provides an explorer type 
environment for set up of the communications (Ethernet) link. It also provides the 
facility to group and assigns names to the data I/O channels in the system. Finally~ it 
facilitates communication with the embedded Labview Fieldpoint controller module. 
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Figure 16: Screen shot of data acquisition system 
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F igure 17: PC based data acq uisition system next to the gas seal control module 
4.2 THE TEST VESSEL 
Thi s is an engineered pressure vessel for testing of gas sea ls and is at the heart of the 
test equi pment (F igure 18 and Figure \9), The test ves el i de igned to imul at L. the 
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operational environment of a gas seal, namely the compressor. The test vessel \\"all 
simulates the compressor housing and the test vessel shaft simulates the compressor 
shaft. 
The test vessel is a sophisticated assembly engineered to handle the fu ll range of 
pressures and temperatures required for gas seal testing. It is equi pped with a 
sophisticated cooling system comprising of internal cooling coil s and wall scrolls 
designed to maximize the amount of heat removed from the vesse l centre to avo id 
overheating during testing. Without this system the seal in fact could not be tested. 
Figure 20 shows the test vessel on the rig frame. 
Figure 18: Test vessel model showing the two seal cartridges and an internal 
cooling system 
5.) 
Test gas supply & 
temperature probes 
Figure 19: Gas seals test vessel on the rig 
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Cooling 
water supply 
Figure 20: Test rig frame and test vessel in position 
4.3 DESCRIPTION OF EXPERIMENTAL PROCEDURES 
4.3.1 Ambient static experimental procedures 
The obj ecti ve is to measure stati c leakages and breakout torque at various pressures 
from zero to max im um operating conditions of 300 bar. 
The starting point is to measure the breakout torque of the seals at zero pressure: At 
thi s condition, a cali brated torque meter is attached to the non-drive end of the te t 
vesse l shaft, using a suitable fittin g. The meter is used to mea ure the torque at 
w hi ch the shaft just start s to turn under manual rotation. This effective ly becom 
the da tum break out torque for zero pressure. 
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Test gas is then introduced into the vessel and the test seals using a pressure control 
module (Figure 11) to raise the sealing pressure to 1 bar. The torque measurement is 
then repeated, typically 2-3 times, and an average value recorded. The pressure is 
then increased by a further 1 to 2 bar and the torque measurement repeated. The 
whole torque measurement procedure is repeated at I-bar increments until the 
maximum break out torque drops to a minimum asymptote. From this point on the 
pressure increments are increased to 20-50 bar, and the torque measurements are 
measured at each of those increments up to 300 bar. Finally, to record the hysteresis 
of the system, the above procedure is repeated in reverse, with break out torque 
figures recorded at decreasing pressure increments, back down to zero bar. 
At the same pressure increments, when the torque measurements are taken, the 
leakage values are also recorded via the PC based data acquisition system. The 
procedure involves the increase in pressure to a given value. The seals are then held 
at that pressure for a period of time, to allow them to stabilise, before the leakage 
value is recorded. This is typically 2-3 minutes. The pressure is then increased to 
the next pressure increment. The whole procedure is repeated up to and including 
the maximum pressure. It is then reversed and the leakages are recorded at the same 
pressure increments, heading back down to zero pressure. The data acquisition 
system records all the output parameters several times per second. 
4.3.2 Dynamic experimental procedures 
The performance of the seals is evaluated across the entire pressure and temperature 
envelope at discrete pressure and speed points in the form of a 'mapped' matrix test. 
The test is started with a warm up run. The inboard seals are pressurised to 20 bar, 
and the outboard seals to 10 bar. The drive motor is then started and the seals 
accelerated to 6000-8000 rpm. The pressure is then raised to 100 bar and the seals 
are allowed to run for a period of time at those conditions, with no test vessel 
cooling, to raise their operating temperature to approximately 80-100° C. 
To commence the actual mapping test, the speed is first adjusted to 6000 rpm, and 
the supply pressure is set to 50 bar. This being the first point in the mapping test. 
The seals are kept at that condition, for a period of anything from 10 min to 1 hour. 
The data acquisition system measures the performance outputs se\eral times per 
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second continuously throughout the test. To move onto the next point. the supply 
pressure is then increased to 100 bar, while the speed is maintained at 6000 rpm. 
The seals are then again held at that point to allow them to stabilise. while the 
leakages and other measurements are recorded. This section of the test is repeated at 
the remaining 50 bar increments up to the maximum operating pressure of 300 bar. 
This effectively completes the 6000-rpm speed element of the mapping test. 
Proceeding onto the next stage, the pressure is then reduced back down to 50 bar and 
the operating speed increased up to the next speed increment, which would be 8000 
rpm. While maintaining this speed, the pressure mapping procedure described above 
is repeated at 50 bar increments up to and including 300 bar. To complete the full 
mapping test, the same steps are further repeated at 10000 and 12000 rpm. During 
dynamic mapping, the temperature of the test seals is controlled to be below the 
maximum operating temperature, using the integral test vessel cooling system and a 
remotely operated cooling flow control valve 
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5 THE SLOT FEED GAS SEAL DESIGN 
5.1 INTRODUCTION 
The starting point was the work that was completed by Stolarski and Xue [37]. The 
operating limits under which the seal was studied are summarised below. 
• Maximum operating speed: 3000 rpm 
• Maximum operating pressure: I5-bar g 
• Maximum test duration: 2-3 hours 
• Test gas: bottled nitrogen 
• Primary ring material (face): antimony impregnated carbon 
• Mating ring material (seat): Cobalt bonded tungsten carbide 
The design was basic, and not intended for operation at high pressures and speeds. 
The material choice of the primary ring precluded potential operation at high duties 
(pressure and temperature). The design of the metal parts also imposed limitations in 
terms of excessive deflections and high stress levels. Finally, the design was not of a 
cartridge configuration, i.e., a self-contained module comprised of the rotor parts, 
stator parts and including the primary seal zone parts. 
The slot fed gas seal design, as was evaluated by Stolarski and Xue [37] is shown in 
Figure 21. 
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Figure 21: The slot fed dry gas seal concept [37] 
5.2 PRINCIPLE OF OPERATION 
Depression 
Groove 
Nut 
Milld steel 
The seal is of a balanced design, meaning that the balance ratio is less than 1000/0. In 
a balanced seal design, the closing force generated by the seal gas pressure is 
balanced at all times by the opening force generated at the sealing interface of the 
seal. 
The design is non-contacting in its principle of operation. The balance of opening 
and closing forces mentioned above creates an operating gap between the primary 
(stationary face) and the mating (rotating seat) rings. The closing force is made up of 
the spring force and the pressure force from the sealing gas acting on the seal face. 
The opening force is generated by the opening pressure profile generated at the 
interface of the seal. When the opening force equals the closing force. \\hich occurs 
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at a given operating gap, then equilibrium gap is achieved. This force equilibrium 
condition is shown in Figure 22. 
The seal is pressurised from the outside, which means the outer radius has the fluid 
being sealed and the inner radius is at atmospheric pressure. The seal gas is supplied 
to the interface via two separate paths. One path is via the feed slots (or depression 
grooves) and the feed holes in the mating ring (seat). The second path is from the 
high-pressure side of the seal at the outer radius through the actual seal interface. 
Operating gap (primary seal zone) 
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Figure 22: Force equilibrium diagram for a balanced seal 
5.2.1 Basic construction 
As mentioned above, the primary seal zone is made up of the rotating seat and the 
stationary face. These two components are enclosed in a self-contained cartridge as 
shown in Figure 23. The cartridge is designed to provide an effective seal housing 
between the rotating shaft and the stationary housing of the compressor. To facilitate 
this, the rotating seat is held in place in a rotor assembly, (depicted red and yellow in 
Figure 23). The rotor assembly is located on the shaft. Similarly, the stationary face 
is located within the stationary retainer assembly, located inside and against the inner 
wall of the housing. Thus, all the rotating parts are in some direct or indirect contact 
with the rotating shaft, and all the stationary parts are in some direct or indirect 
contact with the compressor housing. The non-contacting seal gap is thus maintained 
between the rotating seat and the stationary face. 
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Shaft 
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Figure 23: Basic construction of a cartridge gas seal 
5.2.2 Balance ratio. 
The balance ratio or the balance factor as it is otherwise known is a very important 
term associated with mechanical seal design. It is important enough to warrant a 
clear definition. The definition of the balance ratio shall be taken as the ratio 
between the average load, Pf within the seal interface, expressed as a pressure, 
imposed on the seal face by the action of the sealed pressure, and the sealed pressure 
itself Po. This is also expressed as load acting on the seal faces. Figure 24 shows 
how it is applied to an outside-pressurised seal, as is the case here. Outside pressured 
means the sealed pressure Po is on the outer periphery of the seal and the atmospheric 
pressure is on the inner periphery of the seal. 
Balance ratio (or factor) equations are given by: 
eqn. 5.1 
eqn.5.2 
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eqn.5.3 
P" 
R, 
Figure 24: Definition of balance factor for an outside-pressurised seal 
5.3 SUMMARY OF THE SLOT FEED MODEL ASSUMPTIONS AND 
CONSIDERA TIONS 
1. The flow model is I-dimensional from the high-pressure source to the low-
pressure source. 
2. The fluid film pressure and operating gap are modelled in one dimension for the 
outer to the inner radii. 
3. Flow is laminar and not turbulent. 
4. The sealed fluid is Newtonian in its nature. 
5. The fluid density is constant across the fluid film (axially across). 
6. Fluid viscosity is constant across the film. 
7. Effect of surface roughness on fluid flow is negligible. 
8. Sq ueeze motions are not included and effec ts of small amount of unpl anned 
sq ueeze are negl igi ble . 
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9. The film is thin, such that the velocity gradients across the film predominate. 
10. There are no shockwaves or other sources of discontinuity. 
11. The film is isothermal. 
12. Slip flow effects are neglected. 
13. Pressure and temperature dependent properties for gas viscosity are utilised. 
14. Gas compressibility coefficient is ignored. 
15. Effects of sonic flow are ignored. 
16. Real viscosity properties for the gas are used 
5.4 THEORY 
The staring point will be the reduced form of the Navier-Stokes equation for viscous 
flow. The system under consideration comprises of two annular plates separated by 
a gap 'h' and neither of the plates rotates (see Figure 25) 
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Figure 25: Two annular non-rotating plates (labels 1 and 2) 
x(R) 
With reference to Figure 25, consider a thin film that is present between two annular 
surfaces 1 and 2, both lying in the x-y plane. Within that film is a fluid element 
depicted by the cube (of a given viscosity and density). Both, the viscosity and the 
density are taken as constant across and through the film. Component velocities u. v 
and w may be present in the x, y, z directions. In the case of this simplified analysis, 
the velocity across the film, w, in direction z is equal to zero. We are also only 
considering radial flow in direction, x. Thus, the v-component of velocity is also 
equal to zero. The fluid between the plates flows with a radial velocity . u· that is 
treated as positive in the radially outward direction. 
------- ----
Pressure gradients ap and ap in the x and y directions are independent of direction 
ax ay 
z (across the film) in a thin film scenario such as this. Thus, ap = o. 
'"' cz 
The fundamental relationship between the radial pressure gradient and velocity u is 
given by: 
eqn.5.4 
This is a reduced form of the Navier-Stokes equation of motion, in which the higher 
than the first order values terms have been dropped. No inertia terms have been 
included, as it has been assumed that flow accelerations are small. 
If one then undertakes successive integration with respect to z with the boundary 
conditions being: u = 0 at z = 0 and z = h, together with the assumption that P is 
independent of z (across the film). The resulting equation is: 
1 dP 2 
u =--(z -hz) 
2f.1 dR 
eqn.5.5 
The volume flow is then given by: 
h 
V = 27rR fudz 
o 
eqn.5.6 
Integrating eqn. 5.6, after substituting in for velocity u, the equation becomes: 
. 1 dP 3 V = ---lrRh 
6 dR 
eqn.5.7 
If the fluid were incompressible, then one would have continuity of volume flow. 
However. in the case of a non-contacting gas seal the fluid is compressible and the 
volume fl 0 V,," will change as the fluid pressure changes. Thus, We must have mass 
flow continuity. The mass flo\\, ';1, is given by: 
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eqn.5.8 
At this stage, the flow will be treated as isothermal, and given this assumption. the 
fluid density can be expressed as: 
p=£P 
Substituting in for the density in the mass flow equation: 
m=£PV 
The gas will be treated as a perfect gas. And for a perfect gas: 
1 P 
p= V RT 
and consequently, 
1 
£=-
RT 
It then follows that eqn. 5.7, becomes: 
eqn.S.9 
eqn.S.10 
eqn. 5.11 
eqn.S.12 
eqn.S.13 
If one now takes the two annular plates shown in Figure 25. and modifies them to 
two rings representing the seal faces. having an arbitrary inner radius RI and outer 
radius R2. The inner pressure at the plate inner radius R I • is PI. and at the outer 
radius, R2 it is P2 (see Figure 26). Those make up the boundary conditions for 
integration of eqn. 5.13. 
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Figure 26: Front view of seal face with arbitrary inner and outer radii and 
corresponding pressures. 
Rearranging eqn. 5.13 with the aim of integrating with respect to P and R: 
P2 . R2 
f PdP = - 6JLm f~R 
p £7rh 3 R R 
eqn.5.l-t 
Integration of 
eqn. 5.14, above produces: 
p2 _ p2 = 12JDh In(R, / R) 
2 ;rrh3 -
eqn.5.15 
Substitute in the boundary conditions. where P = PI when R = RI : 
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eqn.5.16 
From which the mass flow rate will be given by: 
eqn.5.17 
Substituting eqn. 5.17 above in eqn. 5.15 produces: 
eqn.5.18 
Rearranging eqn. 5.l8 above in terms of unknown pressure p, we get: 
p = [p2 + (p2 _ p2 ( In(R2 / R) ]0.5 
2 ] 2 In( R2 / R]) 
eqn.5.19 
It is worth noting from the above equation, that the seal interface pressure as a 
function of face radius, is independent of the gas properties and is independent of the 
gap h. 
A schematic diagram of the actual slot fed design is shown in Figure 27. The 'bleed' 
resistance is provided by an annular gap of depth H, formed in the rotating member 
and connected to the distribution groove, the position of which is defined by radius, 
R2. The pressure in that circumferential groove will be denoted as P2. The seal gap 
is value h. The inner and outer radii of the seal faces are defined as R\ and R3 
respectively. 
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Figure 27: Slot feed gas seal schematic 
The respective mass flows, m, are indicated in the same figure. The convention has 
been adopted in this analysis in that the flows are positive in the positive direction of 
radius R. As a consequence, the positive mass flows are shown as flowing radially 
outwards. Thus, for an outside-pressurised seal, where the flow will be radial 
inwards, the leakage values produced by the analysis will be negative. Defining the 
mass flow rates in terms of physical radii R1, R2 and R3: 
ml ,2 in the gap h from R1 to R2, 
m2,3 in the gap h from R2 to R3, 
m' 2,3 in the rear slot gap H. from R2 to R3, 
By mass continuity of fluid flow we require that: 
eqn.5.20 
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An expression for the mass flow has already been developed earlier (eqn. 5.17). The 
expression is for a viscous flow of gas, treated as isothermal and compressible. 
Substituting eqn. 5.17 into eqn. 5.20, above, results in the following: 
&7rh\~2 - p/) = &7rh3 (P22 - ~2) + &7rH\p22 _ P32) 
12,llln(R2 / R j ) 12,llln(R3 / R2) 12,llln(R3 / R2) 
eqn.5.21 
Rearranging the above expression in terms of the unknown groove pressure P2 results 
in the following: 
p2 = l~2 h3 IIn(R2 / R j ) + f,2 (h 3 + H 3) IIn(R3 / R2) J 
2 h3 IIn(R2 / R j ) + (h 3 + H 3) IIn(R3 / R2) 
eqn.5.22 
In the above expression, all the quantities, except for the gap h and groove pressure 
P2, are predetermined from the dimensions of the seal, and from the pressures across 
it. So the above expression can be used to calculate P2 as a function of the operating 
gap h. Once this is done, everything else will follow suit from here, namely the 
leakage flows, the pressure distribution and the resultant opening force. 
The fluid mass flow through the seal is given by: 
eqn.5.23 
The pressure distributions are found from eqn. 5.19. From radii RJ to R2 the 
distribution is: 
eqn.5.24 
And for radii R2 to R3 the interface pressure as a function of radius is: 
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eqn.S.2S 
The openIng force is then obtained by numerically integrating the pressure 
distribution over the seal face from R\ to R2, and in a similar manner from R2 to R3. 
5.4.1 Effect of centrifugal forces 
Rotation of the plates causes the gas flow to rotate, and subsequently, centrifugal 
force acts upon it. In this section, expressions are developed which take into 
consideration the centrifugal forces. 
Subsequent calculations demonstrate that the effects of the centrifugal force upon the 
mass flow and the pressure distribution are small. There are two circumstances of 
interest, when both annuli rotate together and when one of them is stationary (see 
Figure 28). In the upper part of the figure, the upper annulus is indicated as rotating 
with an angular velocity (02 and the lower with (01. The shearing of the fluid on a 
cylindrical surface of radius R, is illustrated in the lower part of the figure. In the 
circumferential direction there can be no pressure gradient, and consequently the 
fluid velocity profile is linear. 
Figure 28: Rotating annuli 
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The velocity at a gap z. is given by: 
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eqn.5.26 
The centrifugal force acting on each unit volume is thus: 
eqn.5.27 
This force can now be added to the set of forces depicted by the simplified Navier-
Stokes equation. The equation becomes: 
eqn.5.28 
Given that we have compressible flow, expressing p in terms of p, the following 
results: 
eqn.5.29 
It should also be noted that the forces are in the radial direction and that the flow 
velocity, u, is the fluid flow velocity in the radial-axial planes. The boundary 
conditions are such that: u = 0 when z = 0 and when z = h. It can be taken that 
pressure P is independent of gap z. Successive integration of eqn. 5.29 with respect 
to z, and using the above boundary conditions yields the following: 
r { 1 1 , 4 Jl 1 1 dP tPRhz (q-7 Z Z l u=- --(; -hz) + (3af +Ui~ +~)-tP -+-(UiaJ, -uf)+ ~1 (~-2Lq~ +q) J1 2dR 12 2 3h - 1m 
The volume flow is given by: 
II 
,", = 2:rR flld: 
o 
eqn.5.30 
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Substituting for u and integrating produces the following: 
For convenience, one can rewrite the above equation in the fonn of: 
where: Q2 = (3m]2 + 4m]m2 + 3mi) 
10 
The mass flow is expressed by: 
m = pV =&PV 
eqn.5.31 
eqn.5.32 
eqn.5.33 
eqn.5.34 
eqn.5.35 
Substituting into the volume flow equation (eqn. 5.33) to get the mass flow rate: 
eqn.5.36 
From which it follows that: 
eqn.5.37 
To date it has not been possible to find an analytical solution to the differential 
equation. Thus for simplicity of analysis only the tenn containing the centrifugal 
effect will be taken, i.e. the second integral on the left. The assumed pressure would 
be the pressure that would exist without centrifugal effects. That is. it will be taken 
that the pressure in the centrifugal tenn is giyen by eqn. 5.25 
------------------------
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eqn.5.38 
Then the integral: 
r2 fp 2RdR 
2 
eqn.5.39 
Becomes: 
eqn.5.40 
Evaluation of the integral produces: 
eqn.5.41 
The above can be expressed more conveniently as: 
I~?2 =Jf[(R',;k) I {-'2ln(R)R)+~(l~-If)}]+?'~ 1 {_ If In(lf/R)+~(I?i-If)}j In(R)~) 2 4 1 lIn(R)~) 2 4 
eqn.5.42 
It then follows that: 
eqn.5.43 
Now if we return back to equation (eqn. 5.37), the integral becomes: 
') -1~1 ') -1~3 
. [;-llfI- Q- R2. [;llfI 2. ~) 
mln(R')/R)- II? =--1'"\ (P2- P 
- 6~ ~~ 
eqn. 5A~ 
7~ 
Rearranging the above equation in terms of P: 
eqn.5A5 
Between the limits ofR2 and R), expression (eqn. 5.44) becomes: 
eqn.5.46 
Substituting for the integral I from equation (eqn. 5.43), the above equation becomes: 
eqn.5.47 
The circumstance of particular interest to us is when one face is stationary and the 
other is rotating. In that case: 
eqn.5.48 
5.4.2 Fully incorporating the speed effects. 
Basing the analysis on the fact that one of the faces rotates and the other is stationary, 
the above value for n will be utilised. 
Returning back to our mass continuity equation: 
. . . , 
m),2 = m 2,3 + m 2,3 
eqn.5A9 
But this time the expressions for the mass flow rate are now drawn from equation 
(eqn. 5.47). Thus the individual mass flow rates become: 
&i/ [{ 3 ')) 1 )' t R{ 3 'J 1 ') 1l 
,ii, = If l-&oJ(/f (/?i-/f)) - 2 l--lo&(f)(/?i I_In(1)_IR,)(/?i-/f)) 
,- 1 :;ulnq-~/ R,) 1 0 2In~/ R,) ~~ 
7~ 
eqn. 5.50 
eqn.5.51 
eqn.5.52 
For simplicity, the coefficients of squares of the individual pressures in the above 
mass flow rate equations will be written as elements of a I-D matrix: Z (I). So, for 
example, the mass flow rate m1,2 will be: 
eqn.5.53 
Where Z(1) is the coefficient of squares for the pressure P2 in above equation (eqn. 
5.50), and so on. 
Thus the above mass continuity equation can be expressed as the following: 
&71l [If2Z(1)-P!Z(2)] = &71l [P!Z(3)-RZ(4)] = &7ll-f [~Z(5)-RZ(6)] 14tln~/~) 1 2 14tln~/~) 2 3 12,uln(lS/~) 2 3 
eqn.5.54 
Rearranging the above equation to be expressed in terms of P2, we get: 
eqn.5.55 
The mass flow rate leakage is established by substituting the above expression. No\\ 
that feed groo\'t'? pressure is known for a gi yen operating pressure. seal geometry and 
--------------
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operating gap 'h', the mass flow rate through the seal can be established, implicitly. 
This is done by substituting the above equation for P2 (eqn. 5.55) into (eqn. 5.53). 
Having obtained the feed groove pressure P2, the pressure distribution as a function 
of radial position R, is obtained from the following two equations derived earlier: 
eqn.5.56 
p = [p2 + 12JLm In(R / R) _ 2t:OJ R2 ]O.S 
2 h3 2 R en. 
eqn.5.57 
Thus, pressure P from RJ to R2 is: 
eqn.5.58 
where 
eqn.5.59 
And from R2 to R3 it is: 
eqn.5.60 
Where: 
eqn.5.61 
For the benefit of subsequent computer programming of the above the equations, the 
equation for pressure distribution 'p' as function of radius R is expressed as: 
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eqn.5.62 
And equation (eqn. 5.59) is expressed as: 
Equations (eqn. 5.60) and eqn. 5.59 would be expressed in a similar way. 
In the above expressions, written for the pressure distribution from RJ to R2_ 
Xl = R2 In(R2 / R) - 0.5(Ri - R2) 
21n(R2 / Rl ) 
From R2 to R3, the subscripts of the radii change accordingly: 
12,u 
X3 = £Jrh 3 
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eqn.5.63 
eqn.5.64 
eqn.5.65 
eqn.5.66 
eqn.5.67 
eqn.5.68 
eqn.5.69 
eqn.5.70 
The total opening force is obtained from integrating the radial pressure distribution 
over the area of the seal faces. The representative formula is expressed as: 
H3 
Wo = L 2nP RdR 
HI 
eqn.5.71 
In the above equation, R is the mid-radius position of a face annulus element, of 
radial width dR, and 'P' is the calculated opening pressure acting at that mid radius 
of that element. 
Acting against the openIng force will be the seal closing force We, which is a 
function of the face geometry, the balance ratio, the spring pressure and the sealed 
pressure. It is represented by the following equation: 
eqn.5.72 
The principle of a 'back' depression is to act as a flow restriction. Of course, there is 
no practical need for the depression to extend the full circumference. In reality, it 
would be confined to a partial arc of D«360o. An arrangement for a partial arc is 
shown in Figure 29. In this case, the total feed groove arc is divided into three sub-
arcs of D/3 degrees. 
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Figure 29: Rear feed groove geometry schematic 
The modified mass flow equation through the feed grooves is given by: 
D &77H3 [ rii =- P2Z 5 _P2Z 
',3 360' 12,uln(R3 / R,) , () 3 (6)] 
eqn.5.73 
And the modified equation for the feed groove pressure P2 is: 
p'2 p2 D 
J (h 3 Z(l))+ 3 (h Z(4) + - H3 Z(6) 
p,2 = In(R2 / RJ ) In(R3 / R2) 3 360 
- h
3
Z(2) + 1 (h3Z(3)+~H3Z(5) 
In(R2 / RJ ) In(R3 / R2) 360 
eqn.5.74 
5.5 SLOT FEED (SF) SEAL COMPUTER MODEL 
A computer model has been created based on the theory and the model assumptions 
described above. The computer program has been written using Visual Fortran. A 
flowchart in Figure 30, shows the program structure. 
Firstly. an input file is created containing the seal geometry and the operating 
conditions. For a given seal gas, air in this case. real gas property tables are created 
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for viscosity, thermal conductivity, and gas specific hear capacities. An algorithm is 
built into the model to select the gas properties that are the closest to the seal 
operating conditions in terms of pressure and temperature. 
The model is iterative in its nature. It first calculates the Z(speed) parameters and the 
seal closing force. It then calculates the mass flow rates through the seal based on an 
initial guess of seal gap. The numerical value of the orifice pressure is then 
calculated and with it the actual pressure profile across the seal face from the outer to 
the inner radii. That pressure profile would normally be parabolic in form. The 
model integrates the area under that pressure profile, the result of which is the seal 
opening force. That opening force is then compared with the closing force already 
calculated. Using an appropriate error-handling algorithm, the error between the two 
values is used to select a new value for the film thickness. The whole process is 
repeated iteratively, with the film thickness being adjusted every iteration, until the 
seal opening force equals the seal closing force and equilibrium is reached. 
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IVbdeI inplt file 
11 Seal georretry 
11 Seal lift georretry 
11 ~rating pararreters 
11 Initial gap guess 
CaIa.Jlate Z-speed pararreters 
CaIa.Jlate rress flON rates 
thought the seal ard the orifire 
CaIa.Jlate interfare pressure 
distribution 
CaIa.Jlate the resultant opening 
forre, W:J 
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Real gas properties 
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-Visrosity 
- Therrrel cordudivity 
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11 CaIa.Jlate seal leakage 
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11 Sealleakage 
11 Mnirrum film gap 
11 Ruid pressure profile 
distribution 
11 Heat flux ard surface heat 
transfer coeffidents 
f\b-----+ .Adjust initial gap 
h 
Figure 30: Slot feed gas seal computer model flow chart 
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5.6 PROPOSED SLOT FEED GAS SEAL DESIGN 
5.6.1 General configuration 
The test vehicle for evaluating the concept is in the form of a tandem gas seal 
cartridge (see Figure 31 below). The tandem cartridge is made up of two identical 
seal modules, or stages. Each one of these is designed to be able to hold the entire 
sealed pressure. Under normal operation, the inboard seal (IB) holds the fu ll process 
gas pressure and the outboard seal runs as a back up at a few bar. The OB seal or 
stage is also designed to take the full process gas pressure. A solid model and part 
section of the tandem cartridge is shown in Figure 32. 
The metal parts for the seal cartridges are made from a combination of: 41 0 and high 
strength 17-4 PH stainless steels. The stationary metal parts are constructed from 
410-stainless steel. The rotating parts are made from 17-4 PH stainless steel. 
rotating seat stationary face 
IB seal OB seal 
Figure 31: Tandem gas seal configuration showing the inboard and outboard 
seal stages. 
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Stationary 
parts oflB & 
OB seals 
Rotating 
parts oflB & 
OB seals 
Figure 32: Solid model section of tandem gas seal cartridge, showing the 
stationary and rotating parts 
Rotating 
element of IB 
seal 
Secondary 
seals (white) 
Stationary 
elements of 
seal cartridge 
Figure 33: Isometric view of the tandem gas seal cartridge, as made 
8.+ 
5.6.2 Seal size and operating range 
Seal size (balance diameter): 129 mm 
Shaft diameter: =90 mm 
Housing diameter: = 260 mm 
Pressure range : 20 - 300 bar. 
Maximum speed: 12000-14000 rpm 
At high pressures of 300 bar and, the maximum operating temperature is 1200 C. 
Seal gas: Compressed air delivered from a dedicated test compressor (see section 4) 
for details of the test facility) . 
5.6.3 Primary seal zone design 
5.6.3.1 Seal faces 
Both components are made from high strength engineered ceramics. The material 
family is covalently reaction bonded silicon carbide 
5.6.3.2 Rotating seats 
Young ' s modulus = 420 GPa 
4-point flexural strength = 550 MPa 
Thermal conductivity = 75 W.m-I.K- 1 
Coefficient of thermal expansion = 3.5 x 10-6.K- 1 
Wei bull modulus = 15 
Number of rear feed slots: 3 
Number of front circumferential grooves: 3 
The solid model figures and engineering drawing extracts of the rotating seat are 
shown in Figure 34 through to Figure 38 . 
5.6.3.3 Stationary Faces 
Young ' s modulu = 4 10G Pa 
4-po int fl ex ura l strength = 400 MPa 
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Thermal conductivity: = 125 W.m-I. K-1 
Coeffi cient of thermal expansion: = 4.1 x 10-6.K-1 
Diamond-like coating (DLC) is applied to the stationary faces to further improve dry 
running and dry start properties. Solid model fi gures and engineering drawing 
extracts of the rotating seat are shown in Figure 39 and Figure 40. 
5.6.3.4 Lift groove geometry on rotating seat 
Number of rear feed slots: 3 
Rear feed slto depth = 14 ~m 
Feed hole diameter = 1 mm 
Number of front circumferential grooves: 3 
Front distribution groove depth = 30-50 ~m 
5.6.3.5 Secondary seals 
The stationary metals parts sealing against the housing and the rotating metal parts 
sealing against the shaft will be sealed by metal spring energised cup polymer seals. 
Those polymers can be seen as white rings in Figure 33. 
86 
Feed hole 
Front di stributi on 
grooves 
Figure 34: Front of rotating seat the three distribution grooves and feed holes 
Feed slot (back 
depression) 
Figure 35: Rear view of rotating sea t showing the 3 feed slots and the feed hole 
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Figure 36: Isometric view of rotating seat showing the front distribution grooves 
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Figure 37: Front view of rotating seat - engineering drawing 
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Figure 38: Rear view of rotating seat - engineering drawing 
Figure 39: Front isometric view stationary face 
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Figure 40: Rear isometric view stationary face 
5.7 SLOT FED GAS SEAL DESIGN MODEL PREDICTIONS 
5.7.1 Opening pressure profile predictions 
One important output from the computer model is that of the pressure profile in the 
primary seal zone. That pressure profile creates an effective opening force, 
separating the two seal faces. The predicted pressure profile is shown in Figure 41. 
It can be seen that the model predicts virtualJy identical pressure profile for both the 
ambient static condition (300 bar, 293K) and full dynamic conditions (300 bar, 
12000 rpm, 393K) 
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Figure 41: Opening pressure profile distribution for the slot fed design -
ambient statics versus full speed dynamics. 
5.7.2 Static leakage and lift off pressure predictions 
The predictions for seal gap and leakage as a function of pressure under static 
conditions are shown in Figure 42 and Figure 43. As with the pressure profile, 
leakage and predicted gaps for a given seal pressure were the direct outputs from the 
SF gas seal computer model. In Figure 43 , the red box shows the zone of predicted 
seal lift off. 
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Press ure , bar Leakage, I.m in -I Gap, mi cron 
0 0 0 
2 0 0.2 
4 0 0 .3 5 
5 0 .00 73 0 .643 
6 0.036 0 .993 
7 0 .073 1.1 6 
8 0.12 1.26 
9 0.17 1.34 
10 0.23 1.4 
25 2 .03 1.69 
50 9.3 1.8 
100 37.68 1.86 
150 80.61 1.87 
Figure 42: SF Seal operating gap and leakage predictions 
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Figure 43: Slot fed gas seal lift off pressure predictions 
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5.7.3 Dynamic performance predictions 
'" / 
/ 
I 
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Figure 45 gives a tabulated set of leakage and operating gap predictions for a range 
of dynamic operating conditions, as predicted by the SF computer model. The same 
dynamic leakages are shown in Figure 46 in graphical fonn as a function of seal 
pressure 
6000 rpm , 100° C 8000 rpm , ] 00° C 
Pressure , bar Leakage , l.min- J Gap, micron Leakage, I. min -J Gap , micron 
50 6. ] 1.79 6. ] 1.79 
]00 25.6 1.85 25.4 1.85 
]50 56.7 1.87 56.4 1.86 
200 97.4 1.88 96.9 1.88 
250 146.1 1.88 ]45.3 1.88 
300 20] . 1 1.89 200 1.88 
] 0000 rpm , ] 00° C 12000 rpm , 100° C 
Pressure , bar Leakage , l.min- J Gap , micron Leakage , l.min -J Gap , micron 
50 6 1.78 5.96 1.78 
100 25.26 1.83 24.99 1.8 3 
150 55.98 1.86 55.4 1.85 
200 96.14 1.87 95.16 1.86 
250 144 . 15 1.87 142.68 1.87 
300 198.4 1.88 196.4 1.86 
Fiourc "5: SF gas seal dynamic performance predictions 
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Figure 46: SF gas seal dynamic leakage predictions 
5.7.4 Modelling the seal face deformations 
I 
I 
- 6000 rpm . 1000 C 
- 8000 rpm . 1000 C 
- 10000 rpm . 1000 C 
1- 11000 rplll . 1000 C 
350 
In order to gain an understanding of the structural deformations of the seal faces , a 2-
D finite element model was constructed using ANSYS [1]. The main objective of 
this part of the modelling process was to predict the relative defomlations of the two 
seal faces under full pressure conditions. The aim was to ensure that faces still 
maintained either a parallel or a slightly divergent gap relative to each other, when 
sealing the full pressure of 300 bar. This was a necessary requirement in order to 
achieve positive film stiffness and reliable operation. This was undertaken in the 
knowl edge that under full dynamic conditions, the thermal effects would impose 
even greater positive thermal rotat ions on the seal faces thus causing them be even 
more convergent. Hence, the key starting design point from the point of view of seal 
face convergence angle was the ambient static condition. 
As shown in Figure 47, the following boundary constraints were applied. Both the 
rotating seal and the stationary face were constrained in the axial tran slation degree 
of freedom about their respect ive pivot points. Full operating pres ure \ a appl ied 
to both sea l faces up their respective sea ling off points - location where the 
secondary sea ls (MSE pol ymers) provided the ea ling. Spring pre ure would be 
9-+ 
applied to the stationary face. Finally the interface pressure. calcul ated by the SF 
fluid film model and shown in Figure 41 , is applied to the two seal faces. 
If the results of the FE analysis predicts a divergent seal face gap at full pressure 
ambient static conditions, then the cross section of the stationary face has to be 
adjusted by a few decimal points of a millimetre. By adjusting the shoulder on the 
rear surface of the stationary face , its centroid position is altered thus encouraging a 
more convergent rotation of the stationary seal face. In essence this is an established 
part of the optimisation process. 
The resultant deformations were extracted directly from the ANSYS post processor 
and converted to angular rotations in radians. The chosen stationary face cross 
section was found to have a combined face angle of 15,.Had at 300 bar ambient 
statics. This satisfied the design criterion of near parallel film gap and the face 
design was accepted for manufacture. 
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Outer pressure Po 
uJ 
axial 
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Rotating seat B 
R 
A 
I 
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I 
I 
Interface pressure 
(calculated), Pip 
Stationary face B 
spring force 
r-------.J~xia l 
constraint 
Inner pressure, Pi 
(atmospheric) 
Z axis of rotation 
Figure 47: 2-D model of the seal faces showing the boundary conditions 
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Figure 48: 2-D FE model of the seal faces showing the modelled pressure 
distribution 
A simple 2-D linear static model of the seat and the face was constructed to model 
the pressure distribution. This was used to predict the component deformations and 
thus fine tune the cross section of the parts, to give near parallel gap at full pressure 
conditions (Figure 48). 
5.8 SF GAS SEAL DESIGN ACTUAL TEST RESULTS 
The following graphs show key results as recorded during experimental testing of the 
gas seals using the facility and the test equipment described in section 4. 
The first two graphs in Figure 49 and Figure 50 show the measured break out torque 
of the seals as a function of pressure. Breakout torque is by far the most effective 
means of measuring the point at which the seal faces have li fted off. From Figure 50 
in particular it can be seen that the breakout torque reaches a minimum asymptote 
value of just over 1 N .m just beyond 1 bar of pre sure. This confirms the point at 
which the seal faces have attained complete separati on. 
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Figure 49: Seal static break out torque as a function of pressure 
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Figure 50: Seal static break out torque as a function of pressure - zoomed in 
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Reference Description 
DE IB Drive End inboard pos iti on 
NO IB Non-dri ve end inboard pos iti on (not used) 
DEOB Drive End outboard pos ition 
ND OB Non-dri\ 'C end outboard pos ition (not used) 
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Figure 51: Static seal leakage performance. Model predictions are shown as 
blue dots 
320 
300 
280 
260 
240 
'2 
'E 220 
:J 
-; 200 
CI 
~ 180 
.. 
., 
~ 160 
~ 140 
E 120 
:::l 
II) 
II) 100 ., 
Ii: 80 
60 
40 
20 
0 
"- r-- r 
.r:::., 
f--
I--
l"-
129 mm Slot Fed dry gas seals 
Performance mapping 
"-
" ;;;::= 
--
"" 
I I 
IT 
r;: T'C l\:.- -,;;::: P 
-) A ....-' 1'-- II 
I 
1/ 
-
o 
.... 
/ .-
/" , 
/ 
-
--
r' 
1 1 
20 40 
- DE IB leak 
Cell pressure 
"= 
j~ J-. "-- ''- I--' L.--
, r r , 1 
60 80 100 120 140 160 
Time, m in 
- NDE IB leak 
Cell temp 
DE IB pressure 
- Speed calculated 
14000.00 
12000.00 
'" -
10000.00 
~ 8000.00 E a. 
.. 
h 
-
iI\ , /I '-
'ci' 
OJ 
"- OJ 6000.00 a. 
en 
4000.00 
I 
2000 .00 
i I i I 
-+ 0.00 
180 200 220 
NDE IB pressure 
Figure 52: Dy namic sea l leakage performance. Model prediction shown as 
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Figure 53: Dynamic seal leakage performance - further performance mapping. 
Model predictions shown as blue dots 
Figure 51 through to Figure 53 show the measured seal performance in terms of 
static as well dynamic leakage at various operating points within the performance 
envelope. On each of the graphs, the ordinate axis carries the seal pressure (in bar) 
and the seal leakage in l.min- 1 and the operating temperature in deg C. The second 
ordinate axis on the right hand side carries the seal operating speed in rpm. The 
absci ssa axis carries the time history of the test in minutes. 
For comparative evaluation, superimposed on these results graphs is the predicted 
seal perfomlance from the SF computer model. Those prediction points are shown 
as blue dots on the graphs. The results are discussed in detail in section 5.9 
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5.9 MODEL VALIDATION - RESULTS DISCUSSION 
5.9.1 Static leakage 
The SF computer model predicts a non-linear increase in predicted leakage \\-ith 
pressure. The relationship is almost a square law. Superimposing the modelling 
predictions onto actual test date yields some interesting observations (see Figure 51). 
The following observations can be made. Firstly, at lower pressures. sub-100 bar. 
the model predictions replicate the test data very accurately. However. as the 
pressures increase beyond 100 bar, the predictions deviate more and more away from 
the actual data, increasingly over predicting with greater pressures. At 300 bar, the 
discrepancy between predicted and actual is: 250 l.min-1 (predicted) and 170 l.min-1 
actual (the average leakage between the two stages). So at higher pressures. the 
modelling tends to overestimate the predicted leakage. It is worth noting at this stage 
that static leakages in practice tend to give substantial variations, both build-to-build 
and often stage-to-stage. Much of this variation is attributed to leakage through the 
secondary seals. Those seals, typically, cup shaped polymers, often require bedding 
down after reassembly, before sealing off. Overall, the whole system is stabilised by 
elevated temperature. This, and individual assembly variations, mean that ambient 
static leakages can have substantial variability, both from seal to seal as well as build 
to build. By far the more accurate representation is when the seals are operating 
dynamically and at elevated temperatures. Never the less, and taken as a whole, 
there is good correlation between static and dynamic leakages. 
One key feature of the model that would lead to over prediction of leakage at higher 
pressures is that it does not take account of choked flow. In practice, this would 
restrict the leakage flow rate. If the model were to include this, the predicted 
leakages, particularly at higher temperatures would drop substantially. 
5.9.2 Lift-off pressure 
Test results of break out torque against seal pressure give a direct indication of the 
pressure at which the seals effectively lift off. From Figure 49and Figure 50 it can be 
seen that the torque plummets to a minimum yalue of 1 Nm between 1 and 2 bar. 
From then on the torque remains at that value all the way up to the maximum 
pressure of 300 bar. It is fair to state that the seals do indeed lift off at that pressure. 
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Comparing this to the model predictions shown in Figure 43, 1-2 bar corresponds to 
predicted gap of 0.2 microns. The surface finish of the t\\"o parts is Yen hiohlv 
. e. 
polished, measuring: Ra=0.02 microns. After measurement it was established that 
these components were in fact perfectly flat. This would not be the case eyery time. 
The flatness tolerance on both parts is 1 light band. This translates to 0.3 mm 
wavmess. Doubling that to 0.6 micron, we have the worst-case value for seal 
operating gap at which the seal will lift off completely, that is 0.6 microns. The fact 
that the seals lifted off at a lower pressure in this case would simply suggest that the 
components' individual flatness was significantly better than 1 light band each. So 
allowing for the worst and the best-case scenario, one would expect the seals to lift 
off between 0.2 (perfectly flat) and 0.6 microns (allowing for waviness tolerance of 
0.3 microns on each sealing face). Analysis predicts the corresponding seal 
pressures to be between 2 and 5.6 bar. Results put the lift-off pressure at 2 bar. Thus 
the correlation between theory and experiment is very close. 
5.9.3 Dynamic leakage 
From Figure 45 and Figure 46, it can be seen that the dynamic leakage prediction 
against seal pressure for a given temperature, has a similar trend to the static leakage 
prediction. The only difference is that the numerical value of the leakage is less, 
attributed to the higher viscosity gas limiting the leakage flow at elevated 
temperatures. Interestingly to note, the predicted speed effects are very minimal. 
The variation in predicted leakage between the 6000 and 12000 rpm speed curves is 
at most 2.3%. This would indicate the seal to be almost 1000/0 hydrostatic. 
Evaluation of experimental results with the superimposed theoretical predictions 
(shown in Figure 52 and Figure 53) indicates some degree of variation. Firstly, 
examining the leakage trend as a function of temperature. It is clear from results that 
for a constant supply pressure, the leakage does in fact undergo a noticeable increase, 
when the speed is increased from 10000 to 12000 rpm, the leakage jumps from 120 
to 170 l.min- I . average for the two seals. One possible explanation for this is that the 
grooves do indeed have some hydrodynamic lift competence associated with their 
geometry. The other possible explanation is that one of the secondary seal polymers 
was leaking progressiydy more at higher speeds. The experiments \\ere repeated 
after a rebuild of the seal parts. The results are shown in Figure 53. As can be seen. 
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the leakage difference between 14000 and 12000 rpm is in the order of 101.min- l . 
All owing for the difference in temperature, that leakage change in speed is in the 
region of 15-20 l.min- 1 for an average value of 130 l.min- I at 14000 rpm . Thus. one 
can conclude that the seals do exhibit a modest component of hydrodynamic lift . 
Further more, the 1-D SF model is unable to predict any hydrodynamic lift. Instead . 
it predicts a small reduction in leakage with speed by deducing that the rear slot 
loose some of their ability to draw in the gas at higher speeds. The prediction fo r 
dynamic leakage vary from 1000/0 correlation with specific test points to over 
predicting by 800/0 on one specific test point. However, on the vast maj ority of other 
test points the model predictions fall within 300/0 of the actual test data . 
5.9.4 Seal contact at the artificial inter space condition 
330 bar 
300 bar 
--------- - - --- -
- --- - - ---- - -
Figure 54: Inter-space test condition shown on the test sea ls 
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Figure 54 depicts the following test condition that was carried out in the latter stages 
of performance evaluation. The outboard (OB) stage seal has to be tested as a full y 
operational seal to simulate the failure of the inboard stage seal (IB). This would 
normally be done with both stages in situ. To test the full operating capability of the 
OB seal, it has to be tested to its full operating pressure condition. While testing the 
OB stage, a certain pressure differential must be present on the IB stage, to avoid 
reverse pressurisation. The OB seal is being tested at a full operating pressure of 300 
bar. To avoid reverse pressurisation, a certain pressure differential is kept on the IB 
seal. This could be anything from lObar to 50 bar. For the example, assume that the 
IB dP is 30 bar. So the upstream pressure from the IB seal is 330 bar. 
Experiments showed that at thi s condition, when the OB seal was being tested. the IB 
seal underwent face contact. Further analysis of the design showed that at these 
conditions, the c losing force on the IB seaL the one not under test and under a ve ry 
artificial cond ition, was greater than the opening force generated at the seal gap. 
Referring to the graph in Figure 55 . the blue line is the openin g fo rce be in g g nerated 
at the seal rae for a given sealing pressure. The other lines refe rred to by the dP 
legend s represent the c lo ing force at various pre. ure rati c s. , can be een. 
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whenever this condition is imposed, the resultant closing force on the IB seal is 
greater than the opening force that it can generate. Given that the seal is of a 
balanced design. under such a condition, the seal would tend to close the operating 
gap, thus increasing the opening force, until equilibrium between the opening and the 
closing forces was again re-established. Seal face contact evident from the test 
clearly indicated that equilibrium between the closing and opening forces was not 
being established before the operating seal gap was reduced to near zero and contact 
occurred. What it indicates is that at a certain gap, the film stiffness falls off to near 
zero. The question was whether that value of film gap was greater or less than the 
film thickness at which contact was to be expected. To verify this scenario the SF 
model was modified and reanalysed under varying values of seal face load. For each 
load value, the predicted equilibrium film gap was calculated. These values were 
plotted on a graph in Figure 56. As can be seen from a graph, as the seal face load, 
which can also be seen as the net closing force on the seal, increases, the seal face 
gap first reduces, but then starts approaching a load asymptote. Looking at this 
another way, the seal stiffness, which is effectively the gradient of the curve, 
approaches zero. Hence at a certain load and gap, any further small increase in 
closing force, will lead to a collapse in seal gap, as can be seen from the graph. 
So one can conclude that the loading regime on the OB stage as shown in Figure 55, 
highlights the characteristic of the seal as shown in Figure 56, which predicts a 
collapsing film at a an increased seal closing force. The test evidence of face contact 
at this interspace condition confirms this with little room for doubt. 
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6 NOVEL HYBRID GAS SEAL CONCEPT 
6.1 SLOT FEED LOGARITHMIC SPIRAL GAS SEAL DESIGN CO:\CEPT 
Experimental results at elevated operating pressures and subsequent theoretical 
verification showed that the SF gas seal design did not give adequate load carrying 
capacity at artificial interspace test condition described in the previous section. This 
situation only occurred under dynamic conditions, simulating a failed IB seal. 
Nevertheless it became clear that a design having greater load carrying capacity 
under dynamic conditions was necessary. One of the most promising ways to 
achieve this was to incorporate a greater hydrodynamic lift component to the seals 
through the use of suitable grooves in one of the seal faces. At the same time it was 
highly desirable to retain the benefits of the SF design, namely the extremely low lift 
off pressure and low breakout torques across the entire pressure envelope. A number 
of hydrodynamic lift options were available, ranging from the well established 
Rayleigh step, radial slot right to spiral grooves. The latter groove design has 
received a number of claims to its superior load carrying capacity. as reported by 
Muijderman [22]. 
A number of concepts were brainstormed. Given all of the known art, it was decided 
to combine with the best hydrostatic concept produced thus far, with the best-
perceived hydrodynamic design, namely the spiral groove. In order the produce an 
effective and practical hybrid design, some modifications to the spiral groove 
geometry had to be made. The design concept was in effect a totally novel and 
unique hybrid design of gas seal, previously unreported. 
Only two components were changed from the SF design. Starting with the minor 
first, the face cross section had to be altered slightly because the calculated interface 
pressure profile was predicting a different face convergence. 
By far the biggest change occurred on the rotating seat, the seal component 
containing all of the lift groove geometry. In terms of retained features, the actual SF 
concept has been retained in its complete entirety. consisting of 3 radial feed slots on 
the rear surface of the seat. Each of these slots feeding gas to the front of the seat via 
3 drilled feed holes. The solid model and a geometry engineering dra\\'ing extract 
are shown in Figure 57 and Figure 58. As can be seen, the only element of this 
feature that has changed is the pitch circle radius (peR) of the termination of the feed 
-------------- -----------_.-
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slots and the coincident location of the axial feed grooves. In the SFLS design this 
PCR has been raised. This has been done in order to reduce the hvdrostatic 
component of the seal and make greater space provision for the partial logarithmic 
spiral grooves located on the front running surface of the seat. The depth of the feed 
slots has not changed wither. 
The front groove geometry is shown in Figure 59 and Figure 60. As can be seen, the 
first change from the SF design is the continuous nature of the front distribution 
groove (before it was arched). It was decided to adopt this design to provide an 
unrestricted gas supply to the entire periphery of the spiral grooves. 
Finally, there are the partial spiral grooves themselves. As can be seen from Figure 
59, the grooves are partial in their geometry, that is, they don't run the continuously 
length of the seat face. Their outer radius coincides with the pitch circle radius 
(PCR) of the front distribution groove. Their inner radius terminates at a 
predetermined radius. The ungrooved area below the spiral grooves is known as the 
seal dam and it acts as a restriction to the gas being pumped by the spiral grooves. 
As is the convention with spiral grooves, they are designed to pump the gas into the 
seal zone, against the dam thus helping to build up the pressure in the seal interface, 
as explained by Muijderman [22] and Sedy [29]. 
6.1.1 Primary seal zone design 
In a nutshell, the material specification and surface treatments are identical for the SF 
and the SFLS design concept. The difference lies with the actual lift groove features. 
The actual geometry and dimensions of face grooves have been set through a series 
of basic computer simulations and preliminary experimental testing. 
6.1.1.1 Seal faces 
Both components are made from high strength engineered ceramics. The material 
family is covalently reaction bonded silicon carbide 
6.1.1.2 Rotating seat 
Young's modulus = 420 GPa 
4-point flexural strength = 550 MPa 
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Thermal conductivity = 75 W .m-' .K-' 
Coeffic ient of thermal expansion = 3.5 x 10-6.K-' 
Weibull modulus = 15 
Number of rear feed slots: 3 
Rear slot depth = 14 ~m 
Number of logarithmic spirals = 18 
Dam to groove width ratio = 1 
Spiral groove depth = 14 ~m 
Number of front circumferential grooves: 1 (continuous) 
Front circumferential groove depth = 30-50 ~m 
The solid model figures and engineering drawing extracts of the rotating seat are 
shown in Figure 57 through to Figure 60. 
Figure 57: Rear view of SFLS rotating sea t showing 3 feed slots and feed holes 
109 
I I I' 
fI H ( I ,< 
f=(;=U1S=-;PA""""CED= 1 
I I" ~," \S SII ' ,11'f',. 
_ I J \\ 
DL'l .\lL L' 
~ 1 
\\ 
Figure 58: Rear view of SFLS rotating seat - engineering drawing 
Figure 59: Front view of the seat, showing the periodic logarithmic spirals. 
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Figure 60: Slot Fed Logarithmic Spiral gas seal design - isometric view of 
rotating seat 
6.2 SUMMARY OF SFLS FLUID FILM MODEL ASSUMPTIONS AND 
CONSIDERA TIONS 
• The flow is from the high-pressure source to the low-pressure source. 
• The fluid film pressure and operating gap are modelled across the 2-d sector 
of the seal geometry. 
• Flow is laminar, given the nature of the gap and the operating conditions. 
• 
• 
• 
• 
• 
Justification for this is made in Section 6.7.9. 
The sealed fluid is Newtonian in its nature 
The fluid density is constant across the fluid film (axially across) 
Fluid inertia effect s are considered 
Fluid viscos ity is constant across the fi 1m 
Effect of surface ro ughness on fluid fl ow is neg li gible 
I 1 1 
• 
• 
• 
• 
• 
• 
• 
• 
• 
Squeeze motions are not included and effects of small amounts of unplanned 
squeeze are negligible. 
The film is thin, such that the velocity gradients across the film predominate. 
There are no shockwaves or other sources of discontinuity. 
The film is isothermal. 
Slip flow effects are neglected. 
Real gas properties, appropriate to any condition are utilised. 
Real gas compressibility is accounted for. 
Full effects of sonic flow are accounted for. 
Spiral groove end effect corrections are made for any geometry and duty 
condition 
• Full gas seal geometry effects including the specified gas lift geometry. 
• Full operating conditions of the gas seal. 
• Real gas properties relevant to the fluid film analysis. 
• Pressure, speed and temperature effects. 
• Thermal effects in the structural model. 
• Heat fluxes at the seal interface 
• Surface heat transfer coefficients. 
6.3 DERIVATION OF THE GOVERNING EQUATIONS FOR SFLS 
MODEL: 
The design was significantly more complex than its SF predecessor. More so, given 
periodic nature of the SFLS lift geometry. it was felt that the geometry could no 
longer be modelled in simple I-D. In order to correctly represent the new and novel 
geometry. a suitable 2-D model had to be developed. This model had to incorporate 
the features and the interaction of both. the slot feed design and the partial spiral 
grooves. One of the goals from the outset was to deyelop a model that could be used 
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to predict seal performance not just for the hybrid slot feed logarithmic spiral seal. 
but also variants of it. Thus the model had to be flexible enough to model the 
geometry of an arbitrary groove. This in tum would give the model its greatest 
flexi bility. 
6.3.1 Solution of the Reynolds equation 
The general Reynolds equation is a non-linear partial differential equation. The 
usual method of solving the Reynolds equation is numerically. by programming an 
iterative solution algorithm of a finite difference approximation to the differential 
equation. The use of a computer program is the most efficient means to achieve a 
solution. The computational effort involved in such a solution is usually very high 
because a large system of non-linear algebraic equations needs to be solved 
iteratively. 
The solution itself has been the subject of many publications and research papers. In 
this case the Reynolds equation was taken as the starting point for developing the 
model. Previous work reported by Szeri [38] and later Lebeck [21], described how 
Newton's method could be used to solve the compressible flow Reynolds equation 
using the finite difference technique. This method was applied here in the 
development of the 2-D performance model. The method of solving the 
compressible flow Reynolds equation needed to be developed so that it could then be 
used to solve for a particular complex geometry of the seal, as is the case here with 
the novel SFLS concept. 
In this chapter a full analytical model is developed to accurately predict the 
performance of such a design by solving the 2-D Reynolds equation, using Newton's 
method. To date the author has found no reference to using the Reynolds equation to 
build a model to predict the performance of such a novel design. 
For the steady state condition, laminar flow and compressible fluid, the generalised 
form of the Reynolds equation in 2-dimensions is written as follows (in Cartesian 
terms): We start from here. no other derivation is necessary. 
11 3 
-~(£ apJ+~(£ apJ = u ah 
ax 12,u ax ay 12,u ay 2 ax 
Approximate equations for velocity take on the form of the following: 
1 ap 2 z 
u =--(z -zh)+u-
2,u ax h 
1 ap 2 
v=--(z -zh) 
2,u ay 
eqn.6.1 
eqn.6.2 
eqn.6.3 
Integrating the above to get the mass flow rate per unit width. Note that the density 
terms is used to convert the volume flow rate to a mass flow rate 
rhx = p f udz 
Substitute in for u: 
. flap 2 z 
m =p (--(z -zh)+u-)dz 
x 2,u ax h 
. f [ 1 ap 1 1 ap ] m =p --z- ---zh+uzlh dz 
x 2,u ax 2,u ax 
rh = _l_ap ~ __ l_ap ~h+~ 
[ 
3 ~2 ~2 ]h 
x p 2,u ax 3 2,u ax 2 2h 0 
1 ap , uh 
rh = p(---h- +-) 
x 12)1 ax 2 
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eqn.6.4 
eqn.6.5 
eqn.6.6 
eqn.6.7 
eqn.6.8 
Similarly for my: 
eqn.6.9 
· r 1 oP 2 
my = p 1 2f.1 Oy (z - zh)dz 
eqn.6.10 
m =p[_l oP ~ __ 1 oP ~h]h 
y 2f.1 Oy 3 2f.1 Oy 2 
o 
eqn. 6.11 
· 1 OP h3 h3 
m =p(--(---) 
y 2f.1 Oy 3 2 
eqn.6.12 
· h3 oP 
m =p(---) 
y 12f.1 Oy 
eqn.6.13 
Note that to get the volume flow rate per unit length, one simply has to divide by the 
density. However, as we are dealing with a compressible fluid in the case of gas 
seals, the density will eventually be a variable. Thus it makes sense to work with 
mass flow rates rather than volume flows, from the outset. 
For mechanical seals it is more convenient to represent the Reynolds equation in its 
polar coordinate form. Using the polar coordinate system shown in Figure 61 the 
radial and tangential mass flow equations may be rewritten as follows: 
. 1 OP 1 h 
me = p(---h- +rm-) 
12f.1 roB 2 
h 3 oP 
m,. =p(---) 
12f.1 or 
eqn. 6.1~ 
eqn.6.15 
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Figure 61: Control volume in polar coordinates. 
With reference to Figure 61 above depicting the control volume in polar coordinates, 
the net sum mass flow rate into the control volume can be established by summing 
the mass flows as shown. Neglecting the squeeze film effects, mass continuity 
results in the following equation: 
arne +~(rm ) = 0 
ao ar r 
eqn.6.16 
Substituting the above equations for mass flow rates in the radial and circumferential 
directions, the Reynolds equation in polar co-ordinates is given by: 
eqn.6.17 
6.3.1.1 Deriving compressiblej1ow finite difference equations. 
First consider the flow balance on a control volume shown above. 
-----~-~~~----~~-
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Figure 62: Finite difference control volume for the primary sealing zone 
U sing the equation for the circumferential and radial mass flow rates derived earlier 
become 
rh =(_ ph 3 ap + prWh]. ar 
8,i-112,) I2p ae 2 1-112,) 
eqn.6.18 
rh. =(_ ph 3 ap + prWh]. ar 
8.1+1/2,) I2p ae 2 1+112,) 
eqn. 6.19 
rh. =(- ph 3 ap rae] 1 
r,l,)-I12 12p ar 1,)-1/_ 
eqn.6.20 
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m =(_ ph 3 ap rae] 
r,l,)+1/2 12p ar i,j+1/2 
eqn.6.21 
For the Newton method it is more convenient to rewrite the above equation (eqn. 
6.18) as follows: 
m =. . [- h
3 
i-I12,j ap. . + ri ,jcohi _1I2 ,j J 
8,1-1/2,) PI-I 12,) 12 . ae /-112,) ar 
Jlrl ,) 2 
eqn.6.22 
The pressure gradient at the control volume edge is expressed as follows: 
I,) 1- ,) ap, p -PI· 
ae i-1/2,j = ae 
eqn.6.23 
For the time being, assume that the fluid IS a perfect gas, so defining the 
compressibility term: 
p 
P= 
RgasT 
eqn.6.24 
It should be noted at this stage that in the final model, the actual density is used in the 
analysis. This density is derived from a real gas properties database, which in itself 
has been derived from a proprietary real gas properties software database called 
PPDS2, developed and supplied by the National Engineering Laboratory [26]. 
Density at the control volume edge will be taken as the average density. Thus: 
PI,j + PI-I,) 
2RgasT 
eqn.6.25 
Substitute eqn. 6.23 and eqn. 6.24 into the mass flow rate equation eqn. 6.22. written 
above to give the following: 
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m. . = ~,j + ~-I,j 
e,I-II2,j 2R T 
Kas 
[
-h
3
i_ll2,j (PI,j - PI-I,j]+ rl.)OJhl-112.j]ar 
12~~ . ae 2 
,j 
eqn.6.26 
Repeating for the other 3 sides of the control volume: 
P d'· ap I P - PI· ressure gra lent wIll be: - . = I,j 1+ ,j 
ae 1+1/2,) ae 
eqn.6.27 
P+P I Density will be: P . = I,j 1+ ,j 
1+1I2,j 2R T 
gas 
eqn.6.28 
Resultant mass flow rate through that side of the control volume will be: 
. _ [-h 3 i+ll2,j ap . ri,jOJhl+1I2,j]a 
me,i+1/2,j - Pi+ll2,j 12 . ae 1+1/2,j + 2 r 
PI,j 
eqn.6.29 
Substitute equations eqn. 6.27 and eqn. 6.28 into eqn. 6.29 to give the following: 
P;,j + P;+I,j 
me· 1/2 . = 
,1+ ,j 2R T 
gas 
[
-h 3/+112,) (~,j -~+I,j]+ r
"
jOJhi+1/2,j lar 
12p,,) ae 2 J 
Now for the third side of the control volume (label 3): 
Pressure gradient across the 3rd side of the control volume: 
apl. = ~,j-I -~,j 
ar 1,1-112 ar 
Density at the control volume edge will be: 
~.)-I + ~'J 
PI,I-In = 'R T 
- g<l\ 
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eqn.6.30 
eqn.6.31 
eqn.6.32 
Mass flow rate across the 3rd side of the control volume will be: 
m = (~,j-l + ~,j J lh\j-l12 (~,j-l - ~,j Jlae 
e,I+1I2,) 2R T 12 a 
gas J1 r 
eqn.6.33 
In a similar manner for the 4th side of the control volume the mass flow rate will be: 
m . = (~'J+l + ~,J J lh\J+l12 (~,j+l - ~,j Jlae 
e,l+I12,) 2R T 12 a 
gas J1 r 
eqn.6.34 
The problem is considered to be steady state, with no squeeze film effects, thus: 
ah = 0 and ap = 0 
at at 
The mass flow for each control volume in the model mesh should sum up to zero as 
given by: 
me,I-I12,j - me,i+l12,j + mr,i,}-1/2 - mr",}+l = 0 
eqn.6.35 
Substituting In for the four mass flow rates into the above equation gIves the 
following: 
F r ~]= F = 0 lJ' I,} 
eqn.6.36 
where: 
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1 1 I'1r 
a l _ I12 ,) = ai+1/2 ,) = - 2R T 12 .. -f) 
gas J.1l'1,) 1'1 
eqn.6.37 
b . = b. . = _ 1 ri,j{)) I'1r 
1-112,) 1+112,) 2R T 2 
gas 
eqn.6.38 
a',J-112 = - 2/ T 1~ (ri,j - 1'12r) ~f) 
gas J1 D.r 
eqn.6.39 
1 1 ( I'1r) 1'1f) 
a i ,j+1/2 = - 2R T U- ~,j + -2 ~ 
gas J1 D.r 
eqn.6.40 
Equation eqn. 6.36 represents the entire set of equations, one for each unknown 
pressure point in the grid that discretizes the seal face sector. The unknown is the 
pressure point in the grid. Solution to the problem will be when a set of pressure 
values of P result in the equation having a zero residual value, that is: 
eqn.6.41 
To find a solution to those non-linear equations, one could employ the Newton's 
method. First assume that there will be a set of values pn that represent an estimate 
to the solution, such that: 
eqn.6.42 
Using Newton's method, one can calculate a set of corrections L\P to the proceeding 
calculation estimate, using the following matrix equation: 
eqn.6.43 
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The above equation represents a set of simultaneous linear equations that can be 
solved for the pressure correction terms ~P. Then a new estimate of the solution \yill 
be given by: 
eqn.6A-t 
The process of creating F' and solving the equation containing F' is repeated until 
the condition of eqn. 6.42 is approximated to the desired level of accuracy. 
F or a seal, the region of unknown can be represented by a sector of seal face 
geometry representing one period only. The period would include at least one spiral 
groove and one land. The nodes on the outside radius ~ of the sector would have a 
known pressure Po, the gas pressure being sealed. The nodes on the inner radii Ri 
will also have a known pressure in the form of the atmospheric pressure Pi. The 
nodes at i=l and i=max are the same nodes, bearing in mind that we are modelling 
one period. This periodic condition is required for a solution around the entire seal, 
or for modelling just one period of the same seal. 
The matrix F' is made up of partial derivatives of Fij, with respect to each of the 
pressures Pij. 
8~ 8~ 8~ 8~ 
8~ 8P2 8P3 8P,1 8F 
8F2 
I,J 0 
8p',j 
8~ [F']= -I,J 8F3 
0 8~ 
8Fn 
--
8~ 
eqn.6.45 
Referring back to the equation (eqn. 6.36), one can see that there are five factors in 
the equation. Thus, only five partial derivatives would exist. Each row in the F' 
matrix will consist of: 
, _ 8F".i 8F", 
F i,/,row - 8P ~P 
11.1 (',.1- 1 
3F", 8F", 8F"J 
a~" 8r,,/+1 3p,+I.J 
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eqn.6.46 
All the derivatives of equation (eqn. 6.36) can be evaluated using the current estimate 
of the pressure. Errors will be shown on the RHS of the equation (eqn. 6..+3). In the 
final form~ equation (eqn. 6.43) will take the following matrix form: 
o 
8F I,J 
M --F I,J I,J 8P. 1,./ 
o 
eqn.6.47 
6.3.1.2 Simultaneous solution of load equilibrium andfilm thicknessfunction 
The above technique was employed to solve for equilibrium load support at the seal 
interface, simultaneously with the interface pressure solution described above. The 
problem is defined by the following equations: 
eqn.6.48 
eqn.6.49 
Equation (eqn. 6.48) represents non-linear pressure distributions as defined by 
equation (eqn. 6.36). The only key difference is the recognition that the minimum 
film thickness h is also a variable. Equation (eqn. 6.49) states that the load support 
W is a function of pressures and the minimum film thickness. The load function is 
given by: 
eqn.6.50 
Wo is the force due to the fluid pressure at the interface - the seal face opening force. 
We is the closing force due to the seal pressure itself. The above equation states that 
for equilibrium solution, the load support function \\', \\hich is to be zeroed. 
~--------- -------
12-' 
Next, one must consider the film function, and its definition of the lift Oroo\c ::: 
geometry on the seal face. The algorithm has been deliberately chosen because one 
can use just about any film function, as long as it can be defined mathematically. 
This is an important point when dealing with complex lift groove geometry as 
encountered in the case of the slot fed logarithmic spiral seal. The film thickness 
distribution function can be expressed as follows: 
h = h, + f(r,e) 
eqn.6.51 
The film thickness is allowed to vary as a function of rand 8. In the case of SFLS 
design, the film thickness distribution function is the mathematical definition for the 
spiral groove geometry (defined by eqn. 6.90). 
The problem requiring a solution is fundamentally made up of equations developed 
earlier for pressures, plus just one more equation for the load support. That is, only 
one more non-linear equation has been added to the system of equations. 
A trapezoidal integration technique can be used to calculate the opening force W 0, 
over the entire seal surface. Summing the pressures over the region does this. The 
following formula is employed: 
w = r PdA = il~-I(~'lr,,1 + ~,)maxri,jmax + )~-~ r . }r/),,(} () J~ ~ 2 2 ~ i,) i ,) 
i=1 )=2 
eqn.6.52 
For the equilibrium condition, the above opening force is equated to the seal closing 
force We. 
Additional derivatives required are: 
aF 
{ 
ah 1/2 . ahi _ 1/2 ,)· ] 
. ( )3h 2 i- ,) b o~:) = PH.) + P,.J a ,-1/2.1 (P,.) - P'-I.) ,-1/2 'J oh, + ,-112.) oh, 
aw awo 
We also need: -- =--;;p-
ap"j (i,) 
eqn.6.53 
eqn.6.5-' 
aw 
From (eqn. 6.52): -a 0 = ri,jf1r~() 
~,j 
eqn.6.55 
Then to finish: aw _ awo 
ah, ahi 
eqn.6.56 
From equation (eqn. 6.52): awo p . = 0 ah I,j=constanl 
I 
eqn.6.57 
The final matrix form, when applying the Newton method to equations (eqn. 6.48) 
and (eqn. 6.49) is as follows: 
o 
aF';,j 
ap. 
I,j 
[aw 
ap 
I,j 
o 
eqn.6.58 
A Gaussian elimination technique can be applied to the matrix to obtain a solution. 
6.3.2 Modelling the slot feed gas supply to the seal interface. 
The Newton's method described above formed a good foundation for the analytical 
model of the seal. However, further original development was necessary in order to 
produce an effective and comprehensive model for the novel design in question. 
The feed slots at the back of the seat and the feed hole supply had to be modelled 
effectively. After detailed consideration, it was decided that the most effecti\'t~ 
means of doing this would be to model them in the form of an additional mass flow 
source within the model grid. The SFLS model incorporates this mass flow source 
by positioning it at the nearest node in the grid of the modelled sector. For fixing the 
radial position of the feed orifice. the computer model has a built-in routine that 
automatically assigns the orifice to the nearest grid node. The radial mesh density 
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from Ri to Ro is 40. It has been established that in practi cal terms, thi s mesh density 
is adequate enough to place the node in a position that wo uld be v;i thin the be t 
manufacturing tolerance achievable . Circumferentially, the feed ori fice is po iti oned 
in the middle of the modelled sector. Figure 63 shows the modelling of the 
additional mass flow source. 
The mass flow rate through the orifice is governed by the geometry of the fee d slots 
and their radial position relative to the seal faces. The relationship for the mass fl ow 
rate through the orifice has already been derived in Chapter 5.4, dealing with the slot 
feed design. These were incorporated into the new seal model and are simply 
repeated here for clarity: 
Ro 
Rorit 
- -
I period = 27L/(number of spira l grooves) 
Cl~:~~:-T~~I~~~--~------~-------r----~-.~ __ ~_- ~_ 
i I I I ! 
I I I I i [ =1=' LLI~~I ~-_L-I----------------t---~ -- - - - -
I 1 -- -- -I I !.~I --,--1-.. i ____________ ~ ___ __l- --- -. --- --.--t=-'=+c.t~l--~-_-!-l-' j.1-=!.._--':~-------------'I= .---=--_-_ - -=- _ -= 
, , i 
I I 1 
j( 1-40 nodes) 
L I (1 to 38 nodes) Ri Rg 
- -
Fioure 63: Modelling the slot feed gas supply as an additional mass fl ow term 
o 
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Mass flow through the feed orifice, derived earlier and is given by eqn. 5.73. It has 
been rewritten in terms of the Ro, Po, Rorif and P orif notations for the SFLS seal: 
eqn.6.59 
The total arc subtended by the N number of feed slots is given by: 
SD = 2 tan -I ( W.\·/Ol J N s' o1s 
2 Rorif 271 
eqn.6.60 
Note that P orif is the calculated pressure at the interface of the two seal faces in the 
vicinity of the feed orifice. It is assumed that the orifice pressure P orif is uniformly 
distributed along the whole of the front circumferential distribution groove. 
The computer model fixes the location of the feed orifice in the grid. For the control 
volume containing the feed orifice, the additional mass flow represented by eqn. 6.59 
rate entering is added to the net mass flow eqn. 6.36, producing the following 
equation: 
eqn.6.61 
The calculation then takes its normal form. At every iteration step, the orifice mass 
flow is recalculated based on the current value of Pij . and added to the overall mass 
flow rate leaving the gas seal. 
6.4 BASIC DESCRIPTION OF THE SLOT FED LOGARITHMIC SPIRAL 
SEAL (SFLS) PERFORMANCE ANALYSIS. 
The suite of software and the architecture covered by the specification was 
developed for performance analysis, design and optimisation of the SFLS dry gas 
seal concept. The package. or 'suite' is made up of the following modules driven by 
one • engine' . 
• External input and output data files (for user manipulation/interrogation) . 
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• Internal data transfer files between respective solver modules. 
• Real gas properties database (user activated and generated by an external 
program). 
• SFLS fluid film model to compute compressible gas flow, gap and pressure 
profiles, 
• Integral modules to calculate seal interface power generation and the surface 
heat transfer coefficients. 
• Structural finite element model utilising a propriety FE analysis solver 
(ANSYS [1 D. 
• Customised macro 'engine' running the whole suite of modules. 
The SFLS model is fully coupled between the fluid film model element and the 
structural analysis of the seal parts. The model iterates to an equilibrium solution of 
seal face angle for a given seal geometry and operating conditions. 
6.4.1 Model operation 
The SFLS model consists of a rotating mating ring and a stationary primary ring, 
modelled across a predetermined 2-D symmetrical sector, as depicted in Figure 64. 
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Figure 64: Modelling the seal parts 
In the first instance, the seal model is defined using data contained in the input file. 
The fluid film solver makes a first pass at a solution of the fluid film parameters: the 
fluid pressure distribution, the operating gap, leakage and the angle between the two 
faces. It also calculates the heat fluxes and the heat transfer coefficients. The 
structural model then fully uses relevant data from the input files and the above-
mentioned calculated values, added to it. The structural part of the solution is then 
obtained from the Ansys FE solver, the results of which are then fed back into the 
fI uid film model. 
The modelling process is designed to iterate between the fluid and the structural 
models and their respective solvers, until a predetermined convergence leve l is 
achieved for the seal gap angle between two consequent so lutions runs. Once thi 
point is reached, the model is considered to have converged and the analys is end . 
flow chart for the model solution describing all of the above is shown in Figur 65. 
6.4.2 Model inputs 
• xtem al ea l geometry (user defin d). 
129 
• Lift geometry (user defined). 
• Operating pressure (user defined). 
• Rotational speed (user defined). 
• Bulk gas temperature (user defined). 
• Real gas properties (user defined and calculated). 
• Surface heat transfer coefficients and their distributions across the geometry. 
• Heat fluxes and their distributions across the geometry. 
• Primary and mating ring material properties (user defined). 
• Axial constraints and positions (user defined) 
• Any other required external forces (user defined). 
All of the above reside within user defined input files 
6.4.3 Model outputs 
• Pressure profile distribution. 
• Operating gap distribution. 
• Gas leakage 
• Other gas film properties 
• Constraint reaction loads 
• Temperature distribution 
• Principal and equivalent stresses 
• 
Principal and equivalent strains, and strain energy 
• Component displacements 
• 
Scope to interrogate specific model locations 
• 
h b ·l· I ·thm that automatically assigns the orifice The program as a Ul t III a gon -
position to the nearest node in the grid. The assignment is carried out as per 
Figure 63. 
l~O 
6.4.4 S lot Feed Logarithmic Spiral SFLS computer model flow chart 
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F. 6~' Slot Feed Looarithmic Spira l ( FLS) computer model flow chart Igure ~. b 
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6.4.5 Modelling the surface heat transfer coefficients 
After the heat has been conducted away from the running surfaces of the seal through 
the faces, convection heat transfer to fluid surrounding the seal parts removes most 
of that heat. The basic heat transfer takes place irrespective of how the surrounding 
fluid is cooled. The value of the convective coefficient is just as equal as the thermal 
conductivity of the seal parts themselves. Fortunately, the latter values are easily 
available. For most seal components the flow created by rotation is turbulent, 
although the flow along the actual primary seal zone may indeed be laminar if the 
gap is small, the pressure ratio is high. The convection due to rotation predominates 
over that due to axial fluid velocity within the seal cavity. The most comparable 
scenario for a radial contacting seal would be the case of a cylinder rotating in either 
an annulus or an unbounded fluid body. The corresponding convection coefficient is 
the most appropriate to represent the seal geometry in question. One of the most 
useful and relevant studies undertaken in this area has been by Becker [4]. Becker 
performed a number of experiments on small diameter cylinders in water. The 
resultant formula for the Nusselt number that best fits the Becker derived data is: 
NU
D 
= 0.133 Reo.667 PrO.333 
eqn.6.62 
The Prandtl number, defined as the ratio of fluid properties controlling the velocity 
and temperature distributions is given by: 
Pr = j.1Cp 
K 
the Reynolds number is given by: 
ReD = pUD 
j.1 
eqn.6.63 
eqn. 6.6~ 
In the above equation, U is the tangential velocity of the rotating disk/ring and 0 is 
the ring diameter. Becker [4] found that his results agreed with a number of other 
investigators. The most important of these was the work undertaken by Kays and 
Bjorkland [15], who actually carried out their experiments on air. The Nusselt 
Number formula that fits their data most closely is given by: 
Nu/) = O.l07Re0 667 PrO.333 
eqn.6.65 
It can be seen that it closely matches Becker's formula. More recently, validation 
exercises carried out by Lebeck [21], gives further support for using the above 
Nusselt number formulations in seal work. However, the formulation is not without 
its limitations. But as far as the current state of knowledge, they are the most 
appropriate at this moment in time. 
So taking the Nusselt number relationship and from it calculating the surface heat 
transfer coefficient: 
NuDK a - --"'---
ali - 2R 
o 
eqn.6.66 
The maXImum convection coefficient will be applied to the regIOns of the seal 
containing high velocity gas flow. In stagnant regions of the seal, as highlighted by 
the blue boundaries in Figure 66, the surface heat transfer coefficient is taken to be 
100/0 of the calculated overall surface heat transfer coefficient. 
Thus: 
NuDK 
a =-....::::..--
high 2R 
o 
eqn.6.67 
eqn.6.68 
Key 
100% overa ll surface heat transfer coefficient: 
10% overa ll surface heat transfer coefficient: 
Figure 66: Cross section of a gas seal showing zones of maximum and minimum 
surface heat transfer coefficients 
6.4.6 Modelling power generation at the interface. 
The power generated at the interface of the primary seal zone will be modelled as a 
heat flux applied to the seal interface. 
It is assumed all of this power will be converted to heat and will be imparted and 
absorbed by the adjacent seal parts, taking into account the overall heat transfe r 
coefficient calculated earlier. Newton (1642 - 1727) postulated that for strai ght 
parallel motion of a given fluid , the tangential stress between the two adjacen t 
surfaces is proportiona l to the ve locity gradient in a directi on perpendicular to the 
layers. T hat is: 
II 
T = 1-' -
~ ' 
13.+ 
Stress at a radius R is: 
OJR 
r = j.1-
h 
Torque on annulus is given by: 
OJr 
Tr = j.1-(27rRdR)R 
h 
Power is given by: P _£ = T OJ 
lOt er;ace r 
Substituting for torque and integrating with respect to r gives: 
2 2 Ro P - 7rj.1OJ f 3 
int erface - R dR 
h Ri 
7rj.1OJ 2 (R4 _ R4) P . = 0 I 
lOterface 2h 
The resultant heat flux will be given by: 
eqn.6.69 
eqn. 6.70 
eqn. 6.71 
eqn.6.72 
eqn.6.73 
eqn.6.74 
eqn. 6.75 
In the SFLS coupled field model, the heat flux is calculated in the fluid film module 
and applied uniformly to the two seal faces in the ANSYS structural model as shown 
in Figure 67. 
Figure 67:Heat flux boundary condition applied to the finite element seal model 
6.4.7 Modelling the real gas properties 
For ideal gases it is known that the P-v-T behaviour at low pressures and hence 
densities is closely given by the following equation of state : 
eqn.6.76 
Where R is the universal gas constant. 
Gases operating at low densities closely follow well -known Boyle ' s and Charles 
Laws, or rather not laws but observations. The equation of state gi ven above 
represents the ideal equation of state . However, at higher densities, the behav iour 
will deviate considerably from the ideal equation of state. The use of the actual 
density associated with the duty conditions of the gas takers account of the actual 
density. 
Due to its simplicity, the ideal gas equation of state is very conveni ent to u e in 
thermodynamic calculations. However. in the case of the gas seals. the ga pre ure 
and hence the ir indi vidual values vary signi ficant ly. part icu lar ly \vhen operating at 
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higher pressures as is the case here, where the sealing pressure is up to and including 
300 bar. 
In these pressure ranges, it is expected that the gas will deviate considerably from the 
ideal gas behaviour. To take account of this in the model. one has to introduc~ and 
utilise the concept of compressibility factor Zgas. The concept of gas compressibility 
is defined as: 
Z = Pv 
gas R T 
gas 
eqn.6.77 
Or Pv = Z gas RgassT 
eqn.6.78 
For an ideal gas, Zgas=l and the deviation from this value is a measure of deviation of 
the actual relation from the ideal gas equation of state. Thus, the previously 
mentioned equations for mass flow and gas densities across the control volume now 
becomes as follows: 
The equation for gas density (eqn. 6.24) now modified for real gas compressibility 
factor will be: 
P P=----
Z gas Rgas T 
eqn.6.79 
The resultant revised density equation at the control volume edge (originally defined 
by eqn. 6.25) and now taking into account the gas compressibility factor will be: 
Pi,j + P,-I,} 
PH/2,} = 2 
~,} + ~-l,j 
-
2Zgas R gas T 
eqn.6.80 
Substituting eqn. 6.79, eqn. 6.80 and eqn. 6.23 into the mass flow rate equation 
originally defined by eqn. 6.22. will produce the modified mass flow rate equation. 
which takes account of the compressibility factor Zga~. it \\"ill be defined as follows: 
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P +P I· 
• 1 j 1- j m =' , 
f},I-I12,j 2Z R T 
gas gas 
eqn. 6.81 
Similarly for the other 3 sides of the control volume: Resultant mass flow rate 
through the second side of the control volume will be: 
m = ~,j + ~+I,j l- h 3 i+1I2,j (~,j - ~+I,j) + ri ,}OJh,+I12 ,j lar 
f},i+I12,j 2Z R T 12 ae ~ ~ ~J 2 
eqn.6.82 
Mass flow rate across the 3rd side of the control volume will be: 
m . = (~'}-I + ~,j J lh\j-1I2 (~,j-I - ~,j )lae 
f},t+1I2,j 2Z R T 12 a 
gas gas J.1 r 
eqn.6.83 
Finally, for the 4th side of the control volume the mass flow rate will be: 
m. . = (~,j+1 + ~,j J lh\j+l12 (~,j+1 - ~,j )lae 
f},t+I12,j 2Z R T 12 ar 
gas gas J.1 
eqn.6.84 
Finally, modifying equations for coefficient 'a' and 'b' to include the compressibility 
factor Z: 
1 1 I1r 
a a - -
i-I12,! = i+1I2,! - - 2Z R T 1211r . I1B 
gas gas r- I,j 
eqn.6.85 
1 rOJ I,j A b b - -Or 
i-I12,) = i+II2,} - - 2Z R T 2 
gas gas 
eqn.6.86 
eqn.6.87 
1~8 
1 1 ( I!:.r ) I!:. e 
a'j+112 =- -- r . +- -
, 2 Z gas R gas T 12 JL ',J 2 I!:.r 
eqn.6.88 
The compressibility factor Zgas will be read in from an external file. The external file 
is created for a given gas using proprietary real gas properties generation software. 
such as PPDS from the National Engineering Laboratory. The SFLS fluid film 
model then interrogates the array and extracts the relevant compressibility factor 
appropriate to the modelled operating conditions. 
The mass flow equation through the feed slots and the orifice, as defined by eqn. 
6.59 will be modified in a similar way, a shown below: 
. _ SD 1lf{ 3 [ 2 2] 
morif - 360.12"1) rz 1 fR / R .) ~,jZ(5)-~ Z(6) 
f-« \.gar' gas n\: 0 orif 
eqn.6.89 
The other real gas properties used in the analysis include: the gas viscosity ~l. thermal 
conductivity K, specific heat capacity at constant pressure. Cp, specific heat capacity 
and constant volume Cv. Unlike in the case of compressibility factor Zgas property. 
the equations defining the flow field do not need further modification, and the 
extracted real gas properties can be used directly. 
For each one of these properties, a table array is created using the PPDS2 gas gas 
properties database. The SFLS model then interrogates that array and extracts the 
correct values appropriate to the modelled operating conditions of the seals. 
6.4.8 Modelling the logarithmic spiral 
One of the benefits of the spiral groove is its ability to pump either with or against an 
established pressure gradient across the seal. The proposed geometry of the modified 
spiral groove for the SFLS concept is shown in Figure 68. The groove geometry 
consists of a series of periodic recesses (grooves) cut into the seal face. Their profile 
is logarithmic. Each groove is periodic with an adjacent land - the ungrooved part of 
the seal face. Thus the total geometry consists of a series of alternating grooves and 
lands around the circumference of the seal face. The angles of the grooves and lands 
relative to the seal face tangent produce a pumping flo\\ into the groon:s. when the 
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seal face rotates in the directi on of the opening grooves. Thi s fl ow is used to produce 
pressure between the seal faces , which in turn can support load. The grooyes pump 
the gas against a dam, a completely ungrooved region of the seal belo\\- the piral 
grooves. The dam acts as a restriction to leakage flow from the outer to the inner 
radius, despite the pumping effect of the grooves. A seal fitted wi th spiral groo\-es 
can be used in two ways. Only the one way wi ll be considered here. one that i 
deemed to be most effective for a seal having a positive pressure gradient from the 
outer to the inner radii of the seal. This is shown in Figure 68, where Po> Pi from ~ 
to Ri. The grooves are positioned at angles to assist the leakage, thus mak ing the sea l 
inward pumping. The grooves pump the fluid from a hi gher to a lower pressure side 
of the seal until that fluid flow comes against the dam at the inner periphery of the 
seal. This has the effect of increasing the pressure in the seal. This pressure should 
be greater than would be due to the hydrostatic pressure drop alone. Thus should 
increase the load carrying capacity of the seal , resulting in better fluid film sti ffness. 
Feed hole 
Land 
Spiral groove 
PI 
Figure 68: Modified loga rithmic spiral groove geo metry used In the SFLS 
concept 
1.+0 
As shown in Figure 68, the defining parameters are radii are ~. Ri and Rg. the outer. 
the inner and the dam radii of the seal respectively and Rg defines the start of the 
dam. It is taken that P o>P j and the seal rotates in such a \\-ay as to draw the aas into 
- e 
the grooves and hence create an inward pumping effect. The grooves have a uniform 
depth hg, 
Muijderman [22] proposed that a spiral groove, which gives a constant tangent angle. 
is in effect a logarithmic spiral. With reference to the same figure. a formula 
defining the spiral groove geometry is given by: 
r = r elf/lana 
g 
eqn.6.90 
In the above equation 'I' is the angular co-ordinate and r is the radial co-ordinate of 
the groove boundary and rg is the inner radius of the spiral grooves. Finally, a 
defines the spiral groove angle. 
The ratio of the spiral groove to land width has a significant effect on performance 
and is defined by: 
r = w'and 
wgrove 
eqn.6.91 
6.4.9 Further improvements to model accuracy 
Analysis thus far only takes account of laminar flow. One should bear in mind three 
other factors, which will affect the model accuracy. They are as follows: 
• 
• 
Firstly one should consider the effect of entrance (contraction losses) at the inlet 
to the seal. For this, the loss coefficients theory as developed by Zuk [42] was 
deemed to be most relevant. 
Secondly, it was felt important to consider the effect choked tlO\\ at the seal 
discharge, as discussed by Lebeck [21]. This consideration deemed to he 
. I I' rtant I'n thl'S model oin~n the \'erv hi!2h sealing pressures under partlCU ar y Impo . e - ~ 
evaluation. 
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• 
• 
Thirdly, a consideration had to be made for the spiral groove pattern end effects . 
This work was originally developed for spiral groove bearings by Muijderman 
[22]. 
Fourthly one had to consider the possibility of a turbulent regime in the seal 
interface, as discussed by Shapiro et al.[33]. In the first instance, the SFLS 
model was used to establish whether the seals indeed experienced turbulent flo\v. 
On this subject, Lebeck [21] also postulated that if the flow in the seal did become 
turbulent, the leakage flow rate predicted by the laminar theory, would become more 
erroneous. The laminar theory would tend to over predict the seal leakage. Further 
more, it has been hypothesised by the same reference that the effects of choked flow 
and the entrance loss would significantly alter the shape of the opening pressure 
profile. This would alter the effect of the load support, by as much as 5-100/0, but it 
would also alter the moment produced by the pressure distribution. This in tum 
would affect the amount by which the seal faces would rotate under the effect of that 
altered pressure distribution. 
6.4.10 Modelling the effects of the entrance losses 
Modelling the entrance losses is important because in the case of a high-pressure gas 
seal, they will be quite significant. They are hence deemed to be important to the 
ability of the model to predict a more accurate result. The entrance flow region can 
be assumed to be isentropic and adiabatic. Since real entrance losses are not 
isentropic because of viscous friction, turning losses and so forth, the entrance loss is 
accounted for by introducing an empirically determined entrance velocity loss 
coefficient CL into the isentropic flow equations. The resulting equations for 
entrance pressure and temperature are: 
Revised pressure given the calculated entrance loss: 
Ygas 
r 
(r -1)M.2 ]yga.,-I l:OS 1+ ' -
2C 2 L 
eqn.6.92 
142 
And the revised temperature given the loss coefficient: 
eqn.6.93 
Zuk [43] claimed excellent agreement with experiment for compressible tlO\\" when 
the entrance loss coefficient CL of 0.6 was used. Lebeck [21]. utilised the same 
figures, also citing good correlation with experimental data at similar duties to Zuk. 
6.4.11 Modelling the effects of sonic discharge at the seal exit - choked flow. 
One can expect three types of flow in a gas seal 
• Firstly, one can have sub-critical flow. In this case, the velocity through the seal 
will be subsonic along the entire seal zone. 
• The second case is that of critical flow. Here, the velocity at the seal exit is sonic 
and the pressure at the throat of the seal zone discharge is just equal to the 
downstream seal pressure (normally atmospheric). 
• The third case is that of supercritical flow. Here the exit velocity is also sonic as 
in the second case. But the pressure at the throat of the seal zone discharge is 
greater than the downstream pressure, which is normally atmospheric. 
While modelling choked flow, one has assumed that the flow is adiabatic. Given the 
high velocity flow rates associated with choked flow and turbulence, there would be 
little opportunity for heat to flow into the gas. 
In the SFLS computer model, a dedicated subroutine carries out a check to establish 
if the exit velocity is choked (Mach number =1) during the first iteration pass. If the 
flow is choked, it then makes the necessary adjustment to the discharge pressure p* 
which will then be greater than the atmospheric pressure Pi. The methodology is 
described in detail below: 
After the first pass at calculating the pressure profile a check is be made to establish 
whether the flow at seal exit is sonic. This is achieved as follows: 
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Sonic flow is given by: v.. = ~r R T 
somc gas gas gas 
eqn.6.94 
First estimate of velocity at the seal exit is taken from the calculated seal exit mass 
flow rate: 
eqn.6.95 
Where the cross sectional area of the seal exit is defined by: 
eqn.6.96 
Substituting for Ai into eqn. 6.95 and rearranging in terms ofui: 
m, 
u ---~-
i - Pi 27rRihi 
eqn.6.97 
If Ui > Vsonic, then the flow is choked. If this is the case, a new corresponding gas 
density is found from the conservation of mass equation: 
Thus: p* = Pi~i 
U 
eqn.6.98 
eqn.6.99 
The estimate of revised discharge pressure based on choked flow can be established 
from the ideal gas equation. It should be noted that the rest of the model assumes 
real gas behaviour. 
• = oR T Z P P .I'"' .I'll,' gas 
eqn. 6.100 
The above pressure will be the initial guess value. From the point of view of the 
SFLS computer model , newly calculated seal exit pressure p* wi ll become the ne\\· 
boundary condition. The model w ill be so lved again wi th thi s revi sed boundary 
condition, for equilibrium in the fluid film . Figure 69 shows the effect of choked 
flow on the pressure profile in the seal interface. It will have a significant effect on 
both the predicted seal leakage as well as the equilibrium face angle . 
P, bar 
Po ~ ______________ ~~~~~ 
ChOke) now 
~SUb-criticallinChOked fl ow 
P* 
Pi ~ ______________________________ -L __ --+ 
Ri Ro R. mm 
Figure 69: Effect of choked flow on opening pressure profile 
6.4.12 Modelling the spiral groove pattern end effect 
Muijderman [22] , first developed the theory for the definition of end effects 
associated with the spiral groove pattern geometry in spiral groove bearings. Given 
the nature of the SFLS lift geometry, spiral groove end effect theory has been built 
into the SFLS computer model. 
Spiral groove end effects can be applied to both the start and the finish of the spiral 
groove. In essence, the theory states that the start and end points of the spira l groove 
in terms of when the pressure starts to be generated and when the effect of the groove 
stops, do not coincide with the actual geometric start and fini sh points of the groove. 
Instead, the re would be an effecti ve outer radius of the groove and an effective inner 
radius of the groove. Firstly, both of the end effects will be defined here . Later on 
an explanation w ill be given for which one was ac tuall y applied in the model and 
w hy. The ratio between the 'effective' outer radius ~).efT and the ac tua l radius ~) i 
g iven by the fo ll owi ng relationship . 
1-+5 
[ 
J[ ( a J 2 1 - H ~r l Ro,efl = Ro exp - 2N 1- - tana-- ' j Fr 
}!,/()(J\'(: .I 90 1 + r 1 + H,: 
eqn.6.101 
and 
Rg efl = Ry, exp - 1-- tan a -- '~ Fr r 
J[ ( a J 2 1- H 3 J 
' 2N If,! ()ovel 90 1 + r 1 + H ,J 
eqn.6. 102 
Correction for the outer end effect basically states that the pressure build-up in the 
groove begins at the ~eff and not~. Similarly correction for the inner end effect 
states that the pressure build-up stops at an effective inner rad i us Rg.eff and not Rg• as 
given by eqn. 6.102. 
~----':<:--->n-----Fron t di stribution groove 
Feed orifice 
Logarithm ic spi ral 
Figure 70: Spiral groove end effect corrections. 
Also where: 
1~6 
Fr = AI cota 
AI cota+CI 
Where geometry factors A1 and C1 are defined as: 
AI = -y(l- Hr Xl + yH/)+ Sycota{t - H/) 
Finally, the S-factor is given by: 
S= -2m/(1+y) = -mj(l+Y) 
RoOJhl p 2JrRo JrR; OJhl p(Ro) 
Where p(Ro) is the gas density at the outer seal radius Ro. 
Groove depth relationship in the above formula is defined by: 
H=!2 
r h 
I 
where: 
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eqn.6.103 
eqn.6.104 
eqn.6.105 
eqn.6.106 
eqn.6.107 
eqn.6.108 
.. h, 
-
~.-.----~".,j--- h I 
... -.. hg 
~-- S . 
r-- ------ plral groove 
~--. '-- - Seal gap 
Figure 71: Schematic of relationship between spiral groove depth and the seal 
gap 
In hypothesising about the end effects, Muijderman [22] also pointed out a further 
important observation from his research. That if the grooves merge into a central 
chamber then one would expect a uniform pressure distribution at the start and the 
need to apply end effect correction in that region is not necessary. This is in fact 
precisely the case with the SFLS seal, where there is a continuous distribution groove 
feeding the outer periphery of the spiral grooves. Thus it is not necessary to apply 
end effect correction to the outer radius of the spiral grooves. 
However, the same does not apply to the inner radius of the spiral grooves. As the 
grooves end in a non-grooved portion, the inner radius end effect will be present here 
and should thus be accowlted for. The outcome of the calculation produces an 
effective inner radius for the spiral grooves, R gefT, which is slightly larger that the 
actual groove inner radius Rg, as shown in Figure 71. 
The effective radius may only deviate by a few percent from the ac tual \'a lue: 
however, thi s difference between the two va lues will have significant effec t on the 
seal performance. This correction term has been utilised in the computer mode l for 
the SFLS des ign. 
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6.5 SLOT FED LOGARITHMIC SPIRAL (SFLS) GAS EA L 
PERFORMANCE PREDICTIONS 
6.5.1 FE model boundary conditions 
Overall , the schematic of the boundary conditi ons shown in Figure 47 for the F 
model applies to the SFLS model. The only difference is that the struc tural model i 
now a 3-D axis-symmetric sector of the two seal fac es. Figure 72 ho\\"s the 
modelled sectors of the seal faces. The axial translational DOF constraints for both 
the seat and the face are shown as navy blue arrows . The red arrows on the two sea l 
faces represent the heat flux applied to model. Thi s was calculated within the SFLS 
fluid film module for the given seal geometry and the operating conditi ons. before 
being applied to the seal faces. 
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Images. Fi gure 73 and Figure 74 show the app li ed pressure to the ea l race The 
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radius, as indicated by the legend . This is in fact the opemng pressure profi le a 
calculated in the fluid film module and as shown in Figure 76 and Figure 77. 
Finally, Figure 75 shows the surface heat transfer coeffic ient di stributi on around the 
seal faces. As with the heat flux values, the surface heat transfer coeffici ents \\"ere 
calculated within the SFLS fluid film module for the given seal geometry and 
operating conditions, before being applied to the seal faces in the structural modul e 
of the model. 
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Figure 74: SFLS structural model - pressure boundary conditions 
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6.5.2 Pressure profile predictions 
The first important output from the SFLS computer model is that of the pre ure 
profile in the primary seal zone . That pressure profile creates an effect i \-e opening 
force that counteracts the sealing pressure closing force , thus separating the t\\-O eal 
faces at a given equilibrium position. 
The predicted pressure profiles across the modelled sector of the seal faces are sho \\-n 
in Figure 76 and Figure 77. The prediction for full pressure. full speed condition in 
Figure 77, gives quite a different result to prediction for full pressure ambient statics 
in Figure 76. The pressure generating effect of the spiral grooves under dynamic 
conditions is quite pronounced and clearly seen. 
The 2-dimensional seal gap prediction at the seal interface as a function of radial and 
circumferential position is shown in Figure 78. The two hori zontal axes conespond 
to the radial and circumferential co-ordinates in the grid. The grid size is 40x38 
nodes. The y-axis gives the actual film depth at that point in the grid . The 
logarithmic spirals, the adjacent lands are clearly and accurately represented . The 
front distribution groove being the deepest is also clearl y seen. 
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6.5.3 Static leakage and lift off pressure predictions 
The predictions for seal gap and leakage as a function of pressure under statIc 
conditions are shown in Figure 79 and Figure 80 . As with the pre sure profile. 
leakage and predicted gaps for a given seal pressure were the direct outputs from the 
SFLS gas seal computer model. In Figure 80 , the red box shows the zone of 
predicted seal lift off. 
The static leakage plot predicts a near linear increase of leakage with pressure. as 
shown in Figure 81. 
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6.5.4 Dynamic leakage predictions 
Figure 82 and Figure 83 give the dynamic leakage predictions as a functi on of 
pressure at various speed points from 6000 to 12000 rpm at 2000 rpm increment. 
Figure 82 is for an operating temperature of 323K and Figure 83 is fo r an operating 
temperature of 393 K. In essence, it is a perfom1ance map. As expected . \vith 
everything else being equal the higher the temperature, the lower is the predicted 
leakage, due to increased gas viscosity restricting the flow of gas through the seal. 
The predicted gap variation as a function of pressure at various speed poi nts is shown 
in Figure 84. As expected, there is significant variation in gap and leakage with 
varying speed, indicating a strong presence of a hydrodynamic component. 
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6.5.5 Seal face structural performance predictions 
This section contains the SFLS model prediction for structural beha\iour of the seal 
faces under the full operating conditions. The worst case scenario in this case is that 
of full pressure full speed and full temperature operation - namelv 300 bar. 1 ~OOO 
rpm and 298K. 
Figure 85 shows a plot of total seal deformation under the full operating condition. 
Overall, it the seal parts have expanded due to the temperature induced and speed 
effects. The maximum displacement is on the rotating seat, which has grown by 
0.028 m. 
Figure 86 shows a plot of principal equivalent stress distribution at the full operating 
condition. The maximum equivalent stress is to be found at the inner radius of the 
face with a numerical value of 156 MPa. If one was to look at the principal stresses, 
one would find the maximum principal stress to the radial component in the 
compressive direction, 
Figure 87 shows a plot of temperature distribution at the full operating condition. 
The maximum thermal gradient is across the seat, having the lower thermal 
conductivity of the two parts. The maximum temperature at the seal face is 427.6 K 
for a bulk seal gas temperature of 393K, thus indicating a local temperature rise of 
34.6K. 
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Figure 87: SFLS seal temperature distribution predictions 
6.5.6 Modelling the seal load support 
As was done with the SF design and shown in Figure 56, the load support capability 
of the SFLS design was also evaluated. To predict thi s scenario the SFLS fluid film 
model was modified and reanalysed under varying values of seal face closing force. 
For each load value, the predicted equilibrium film gap was calculated. These va lues 
were plotted on a graph in Figure 88. As can be seen from the graph, as the 
equilibrium operating gap is forced to reduce by the increasing seal face load, that 
load climbs rapidly, almost reaching a vertical asymptote, Looking at thi s another 
way, the seal film stiffness, which is effectively the gradient of the curve. 
progressively increases with reducing gap and the stiffness almost approaches 
infinity. This is in stark contrast with the experimental results for the SF concept. In 
practice, this should make the SFLS concept resistant to upset conditions and en ure 
its full survival under the art ifi cial interspace condition. where the F concept 
suffered face contact. 
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6.5.7 Evaluation of choked flow at the seal exit 
The following results were extracted directly from the SFLS coupled fie ld mode l. 
Under ambient statics, investigation of the SFLS fl uid fi lm module analysis predicts 
the exit flow to become choked at 72 bar, with a di scharge pressure of just over 1 
bar. At this pressure and beyond, the exit velocity is predicted to be sonic. Although 
the exit velocity will not increase beyond the sonic value, the resultant pressure p. at 
the seal exit will continue to increase above the ambient downstream pressure. At 
full operating conditions, of 300 bar and 293K, the calculated discharge pressur 
10.1 bar and a theoretical Mach number of 10. 
Under full dynamic conditions of 12000 rpm and gas inlet temperature of 393 K. the 
ex it flow becomes choked at 45 bar, a lower value than under full pres ure ambient 
statics. At full operating conditions of 12000 rpm. 300 bar and 393K. the calculated 
di scharge pressure is 13. 16 bar and a theoretical Mach number of9.7. 
At the inlet on the other hand. the flo w never b comes choked und r the conuitions 
be ing considered, a is shown in Figure 89. The highest calculated \'elocity. founu to 
be so ni c occurs at the s al discharge. 
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6.5.8 Evaluation of seal entrance losses 
The entrance losses in terms of temperature and pressure. are at their highe t \\'ith the 
highest pressure. Modelling predicts the following losses, shown in Figure 89. 
Full pressure ambient statics, 300 bar, Full pressure & speed dynam ics. 300 bar. 
293K, 0 rpm 393K, 12000 rpm 
POeff = 299.67 bar POeff = 299.4 bar 
Tempeff = 292K Tempeff = 392K 
Uo = 8.7 m.s-
1 Uo = 13 m.s-1 
Figure 89: SFLS seal predicted inlet conditions 
6.5.9 Spiral groove end effect correction 
From the formulation , it can be seen that the end effect correction is based primari Iy 
on the original groove geometry, and to a lesser degree, the mass fl ow rate through 
the seal. The influence of the end effect correction is to make the effecti ve length of 
the groove less than the actual geometric value. In the case of the SFLS des ign unde r 
consideration, the value of Rg, the inner spiral groove radius, is 69. 5 mm . For the 
given groove geometry, the model returns an effective inner groove radius. R g-cll of 
70.78 mm. 
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6.6 SFLS GAS SEAL DESIGN TEST RESULTS 
The following graphs show key results as recorded during experimental t ting of the 
SFLS gas seal design concept, using the test facility and the test equipment de cribed 
in section 4. 
The first two graphs; Figure 90 and Figure 91 show the measured break out torq ue of 
the seals as a function of pressure. Breakout torque is by fa r the most f~ cti\· 
means of measuring the point at which the seal faces have li fted off. From Figure 91 
in particular, it can be seen that the breakout torque reaches a minimum asymptot 
value of just over 1 N.m between 2 and 3 bar of seal pressure. Thi s COnfil111 th 
point at which the seal faces have attained complete separati on. 
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Figure 92 and Figure 93 show the measured seal perfom1ance in tel111S of stati c as 
well dynamic leakage at various key operating points across the performance 
envelope_ On each of the graphs, the ordinate axis carries the seal pressure (in bar), 
the seal leakage in Lmin-
' 
and the operating temperature in deg C. The second 
ordinate axis on the right hand side carries the seal operating speed in rpm . The 
abscissa axis carries the time history of the test, in minutes . 
For comparative evaluation, superimposed on these results graphs is the predicted 
seal performance from the SFLS coupled field computer model. Those prediction 
points are shown as blue dots on the graphs. The results are di scussed in detail in 
section 6.7. 
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Figure 93 shows a graph of the entire perfomlance-mapping test for the concept 
seals. The speed range is from 6000 through to 12000 rpm. and the pres ur~ range 1 • 
from 50 th rough to 300 bar. 
temperature point, as blue dots 
Model prediction are hown for each pre sure 
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6.7 DISCUSSION OF RESULTS 
When it comes to non-contact mechanical gas seals, by far the most representatiye 
performance indicators are the seal leakage and the breakout torques. Above 
anything else these are the two values that bring one the closest to understanding as 
to what is happening at the operating seal gap, which is less than 2 ~m wide. 
6.7.1 Static leakage 
With reference to Figure 81, the model predicts a near linear increase of leakage with 
pressure. One could argue that the usual expectation would be for more of a power 
law relationship. However, the model has full functionality for choked flow and this 
modelling consideration will predict lower leakage increase, particularly at higher 
pressures, compared to a model that does not take account of exit choking and sonic 
discharge. 
F or a detailed comparison, the modelling predictions have been superimposed onto 
actual test results. The first observation is that the modelling predictions closely 
follow the trends of static leakages, as the sealing pressure is progressively increased 
from zero to 300 bar, as shown by the two relevant trend lines. In each case, the 
model under-predicts the value of the static seal leakage by approximately 30 litres. 
regardless of the pressure. As the leakage discrepancy is independent of the sealing 
pressure, which would suggest it taking place through a very small opening, which 
has become choked at a much lower pressure than the primary seal zone. An ideal 
candidate for this could be one of the seven secondary seals surrounding the gas seal 
cartridge. Whether this is the case or not, the model predictions show very close and 
consistent correlation with the test results for static conditions. 
At 300 bar, the seals are leaking an average value of 120 l.min- I , where as the model 
predicts a maximum leakage of 90 l.min -I. For a gas seal under static conditions, 
whose primary seal zone is bounded by seven secondary seals. all of which are 
potential leak paths in their own right, this is indeed a very close correlation between 
model and experiment. 
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6.7.2 Lift-off pressure 
Figure 79 and Figure 80 show the predicted seal gap against pressure. indicating the 
pressure at which the seals are likely to lift off. If one was to apply the same logic as 
with the SF design, and assume that the waviness of the two faces is \\ithin the same 
tolerance of one light band (or 0.3 Jlm), one would expect the seal faces to lift off 
when the gas is between 0.2 and 0.6 Jlm. With reference to the graph of predicted 
seal gap against pressure (Figure 79) seal lift off should occur when the pressure is 
between 0.2 and 2.8 bar. It is worth noting that 0.2 bar is an extremely low figure 
and one that would be very difficult to measure. Never-the-Iess, this projected 
pressure band, over which the seals are expected to lift off. has been superimposed 
on the graph of experimental data measuring the seal break-out torque against sealing 
pressure (Figure 90 and Figure 91). The breakout torque starts at 8 Nm \vhen the 
pressure is zero and the seal faces are in contact with each other. As the pressure is 
progressively applied from zero, the breakout torque drops rapidly until it reaches its 
minimum asymptotic value of 1 Nm, at around 2.6 bar. Thus there is complete 
correlation between the predicted lift-off pressure band and the actual values 
measured on test. 
6.7.3 Dynamic leakage 
The predicted leakage from Figure 82 and Figure 83, has been superimposed on the 
graph of actual experimental data shown in Figure 92 and Figure 93. The predicted 
leakage is shown as a series of blue dots at the corresponding pressures and seal 
speeds. The graph shows dynamic seal performance from 6000 to 12000 rpm and 
50-300 bar sealing pressure. Taking the 6000-rpm speed run, it can be seen that the 
predicted leakage falls right on top of the actual leakages from the two seals, through 
the entire pressure range. The trends of predicted values versus actual follow each 
other very closely at the other speeds of 8000, 10000 and 12000 rpm. A further trend 
that is noticeable is that the seal model appears to over predict the leakages at the 
higher speeds. That level of over predictions appears to be the same for each speed 
point from 8000 to 12000 rpm. However, for a given speed run. the level of o\er 
prediction increases with increasing pressure. Thus. at 12000 rpm. and 100 bar. the 
model prediction is near enough on top of the actual result. However. at 300 bar the 
------------------------------------------ -- ---
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model predicts a leakage of 150 l.min-1 and the actual test leakage was measured at a 
range of 100-125 l.min-I. One may argue that the difference is quite substantiaL but 
it is not unusual to see such a variation in seal performance from build to build, much 
of this being attributed to variation in seal face curvature. Also, if one were to work 
out the change in seal gap necessary to produce such a change in leakage, it would be 
in the order of a few decimal points of a micrometer. What is important and 
encouraging is that the correlation between the two is close and consistent across the 
entire seal performance map. 
6.7.4 Mesh density 
The mesh density has been set at what is deemed to be an optimum value. Any 
further increase in mesh density would yield progressively diminishing returns. This 
is primarily because the mesh would be finer than the tolerance to which the parts 
can be physically made. Taking the mesh accuracy the other way, would in fact have 
a detrimental effect. Comparative modelling analysis shows that the model is very 
sensitive to the radial position of the feed orifice. The resultant orifice pressure. 
leakage and subsequent equilibrium convergence are all strongly affected by the feed 
orifice position. To ensure the model was representative. an appropriate mesh 
density was selected that enabled one to position the feed orifice within the physical 
geometric tolerance achievable in practice. The result of this was a mesh density of 
40 in the radial direction. 
6.7.5 Spiral groove end effect correction 
It has already been established that the consequence of the end effects is to reduce 
the effective length of the spiral groove. In the case of the SFLS design, the effecti\'e 
length has been reduced by over 1 mm. The consequence of this consideration is to 
significantly lower the predicted leakage, as well as the operating gap and the 
convergence angle at which equilibrium is achieved. This effectively brings the 
predicted leakages closer to the experimental values, as expected and desired. The 
leakage reduction is in the order of 12-18%. 
--- ------ ~---------------
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6.7.6 Inertial effects - entrance losses 
The model considered the losses at the entrance to the seal interface. The calculated 
reductions in the seal pressure and temperature in that region at full operating 
conditions of 300 bar, 12000 rpm were quite small - less than 1 bar and 1 degree 
Kelvin reduction. However, the inclusion of this consideration alters the predicted 
leakage by approximately 8%. The mechanism for this reduction in predicted 
leakage is for the entrance losses to alter the opening force pressure profile shown in 
Figure 76 and Figure 77, which in tum altered the equilibrium convergence angle of 
the seal faces, hence the equilibrium gap and the leakage. 
6.7.7 Choked flow 
Modelling analysis predicts the onset of choked flow to occur at 45 bar, when the 
seals are running at 300 bar, 12000 rpm and 393K. In other words, the seals are 
choked for the major proportion of the operating envelope. The effect of choking on 
the predicted perfonnance is to increase the seal discharge pressure above ambient 
condition. At the full dynamic condition mentioned above, the discharge pressure is 
calculated to be just over lObar. The altered pressure profile is shown in Figure 69. 
The effect of the altered pressure profile is to reduce the leakage, by altering the 
equilibrium convergence angle as well as resultant gap. 
6.7.8 Other model considerations 
The SFLS model takes full account of the heat transfer between the surrounding 
medium and the seal faces. As a reminder, to the theory, the convection coefficients 
are calculated within the fluid film module of the model, based on classical and 
empirical data. To take account of the fact that some of the seal regions experience 
high velocity gas flow and the others experience near stagnant gas flow conditions. 
two convection coefficient values are used. Nevertheless, it is recognised that this is 
probably the most important area where further improvements can and should be 
made. Subsequent paragraphs give a detailed presentation to this future work. as 
well as give some further background. 
The greatest limitation of the calculations for the convection coefficients. is that the 
Reynolds numbers as defined by ReD. because many seals and applications in fact 
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exceed the experimentally verified range of the Becker formula. Results of our 
analysis indicate Reo value in the order of: Reo = 1.6x 108. when operating at 300 
bar, 12000 rpm and 393 K. Furthermore, the rotation of a cylinder within a 
concentric cylindrical cavity, as is the case with a gas seal cartridge, creates complex 
flow patterns, known as Taylor vortices. It is quite possible that similar complex 
flow patterns would be present within a gas seal cartridge housing. Ho\\·e\er. no 
publications have been made on this. One would certainly expect some transitions 
between the types of vortices with varying speed. Hence, the relationship between 
the heat transfer coefficients and the seal speed is probably more complex than 
suggested by the Becker formula. The problem of flow between two concentric 
cylinders has been studied for general cases only. rather than for mechanical seals 
specific. Consequently, there is certainly a big question on whether the Becker 
formula is to be relied upon. Two things then have to be considered in attempting to 
justify its use. Firstly, some work has been done to validate Becker's workings. 
Lebeck [21] undertook some comparative work by comparing Becker's formula to a 
well-known formula for heat transfer in duct flow based on Reynolds analogy 
between heat and momentum transfer. The equations were found to be similar, as 
were the results. Also, work undertaken by Smith and Grief [35] shows agreement 
with the Becker formula. The author's own experience in this area lends some 
confidence to using the data. Finally, the author has not found any other documented 
work undertaken to pin down more accurately the convection coefficient values in 
mechanical seals. So at this moment in time Becker's work seems to remain the 
most relevant to mechanical seals. 
The above knowledge gap certainly gives a pointer to what would be a very useful 
body of work to undertake in future, beyond the scope of this research. That is. to 
pin down more accurately the surface heat transfer coefficients likely to be 
experienced in gas seals. To achieve this, the author recommends that a modelling 
exercise be undertaken on the design in question. Probably the best way of doing 
this would be to utilise CFD techniques and carry out a coupled field analysis. on the 
gas seal design in question. 
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6.7.9 Laminar or turbulent flow 
As has already been mentioned, three forces have been assumed in this modelling. 
which play a governing role in determining the flow within a gas seal. They are 
pressure forces, viscous forces and inertial forces. Now. the inertial forces are 
deemed to be negligible compared to the other two. This assumption is deemed to be 
usual in the theory of full film lubrication. If one were to investi oate the accuracy of 
b . 
this assumption, then one would arrive at the following estimate. 
For a unit volume, the ratio of the inertial force pu8u / ax to the VISCOUS force 
p82u / 8z 2 is approximately equal to: 
eqn.6.109 
Where u is the relative velocity of the bearing/seal surfaces. B is the length of the 
clearance gap in the direction of the fluid velocity, h is the film thickness, p is the 
fluid density and ~ is its viscosity. As a basis, Muijderman [22] used the following 
dimensionless group in the analysis for the onset of turbulent flow. 
Re* = (pUB/ p)(h/ B)2 
eqn.6.110 
This modified Reynolds number would normally be used when considering inertial 
forces in the lubricating film of a journal bearing. Now if Re* «1, the inertial 
forces may be deemed negligible. If Re* ;:::: 1, this is no longer the case, while if Re* 
increases further still, then the laminar and viscous flow disappears and is ultimately 
replaced by turbulent flow. 
The difficulty with the original Re* equation was setting appropriate definition for 
the value of B in a spiral groove bearing. Should B be the spiral groove width or the 
radius r of the bearing/seal surface? It was again Muijderman [22] who suggested a 
way round this difficulty. He proposed estimating an order of magnitude of inertial 
forces by means of the Navier-Stokes equation written in polar co-ordinates. It then 
appears that the outer radius of the bearing and hence a gas seal is a suitable choice 
for B. So for a spiral groove seal we have: 
cqn. 6.111 
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If one still assumes that inertial forces start playing a role at Re*:::l. and then applies 
the operating conditions of a spiral groove gas seal. If \ye no\\ consider our 
situation, of a gas seal with an outer face radius of 81.6 mm. running at 12000 rpm. 
with a maximum operating gap of 2 ~m, and a sealed pressure of 300 bar. then the 
modified Reynolds number will be: Re*=0.05. Putting this another way. with 
h2/Ro;::::2.5x 10-5, and air as the seal gas operating at 300 bar, then the follo\yino 
e 
condition must be satisfied to ensure that Re*«l: 
eqn.6.112 
where co is in rad.s- l and R2 is in m. So a seal with a 81.6 mm outer radius, should 
begin to be affected by turbulence at co ~ 32000 rad.s- l , which translates to 305000 
rpm! One must remember that this only holds true for h2/Ro:::::2.45x1 0-5. If this ratio 
increases, then the onset of turbulence will occur at a lower speed. It can be seen 
from this relationship that the most influential variable is the gap. If that gap were to 
be an order of magnitude higher, at 20 ~m, then: 
eqn.6.113 
And the onset of turbulence would occur at co:::::317 rad.s- I , which translates to 3000 
rpm. So for a given set of design parameters and the seal gas properties/conditions, 
the strongest factor by far, governing the onset of turbulence is in fact the operating 
gap. 
So according to this theory the assumption of a laminar regime in the gas seal 
concept under consideration is valid; for the given seal design, operating parameters, 
and the designed operating gap. 
In all this it must be noted that very little work has been done to establish 
experimentally the onset of turbulent flow and its relative location \vithin a gas seal. 
We are thus left with the above analysis as the best approximation. 
Taking into account all of the above considerations, the developed model has been 
found to show excellent correlations with experimental data. in terms of static and 
dynamic leakages. This very close correlation \yas also true for the all-important Ii it 
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off pressure predictions .. The model can indeed be used as an effectiYe d~sign. 
analysis and optimisation too. 
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7 DISCUSSION COMPARISON OF THE TWO 
DESIGNS (THEORY AND PERFORMANCE) 
The gas seal cartridges for both designs have proved to be very effective test \"ehicles 
for the entire test and evaluation program. The same applied to the test equipment as 
a whole, which also proved very effective at removing the necessary amount of heat 
from the system, thus enabling effective testing to be carried out. 
In terms of overall performance under normal operating conditions. across the entire 
performance envelope, both designs performed extremely well in terms of all the key 
performance requirements. This is reviewed in the paragraphs below. 
7.1 LEAKAGES 
A summary table of leakages is given below 
SF design leakage. SFLS design leakage, 
I ·-1 
.mm I ·-1 .mm 
Full pressure ambient statics: 300 180 90 
bar, 0 rpm,293K 
Full pressure dynamics 140-170 120-150 
300 bar, 12000 rpm, 393K 
. Figure 94: Leakage summary between the two deSIgns 
Firstly in terms of static leakage, the SF design was found to leak more than the 
SFLS. In part that was due to the design. in setting the desired initial operating gap. 
In this. a minimum acceptable gap under static conditions had to be set. in the 
knowledge that the seal was not expected to have much. if any. hydrodynamic 
component. Thus. once the gap was set under statics by the seal face and the feed 
groove design. it would not alter much under dynamics. like for like. In fact. the 
f~ . h tl 'd film Con\"l~rsel}. dynamic gap \\"ould reduce due to the thermal elects m t e UI . 
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the SFLS is expected to, and does, have a significant component of hydrodynamic 
lift. This means that its operating gap under statics can be made to be lower. as was 
the design intent. The operating gap for this particular demonstrator \\'as set to 1.4 
Jlm at the full operating pressure of 300 bar (static). This was deemed to be 
acceptable in terms of adequate separation at full pressure - given that the seals are to 
be expected to be started at full pressure. 
Dynamically, the two seals leak more or less on a par with each other. Not 
surprisingly, the minimum operating gaps of the two designs are yery similar for a 
given set of operating conditions - 1.8 Jlm gap at the ID when running at 300 bar. 
12000 rpm and 398K. 
The SF model is significantly simpler than its SFLS counter part. Never the less its 
correlation to static leakage test data is very close at lower operating pressures, 150 
bar and below. Above that, as expected, given the model assumptions, the 
correlation between theory and experiment deviates. However, that deviation is not 
massive. The deviation is due primarily to the assumptions made by this quite 
simple model. Under dynamics, the case is slightly better, but still shows some 
fluctuating deviation with modelled leakage being under predicted at one point and 
over predicted at another. Much of this would be to do with the fact that the SF 
model only predicts equilibrium in the fluid film. It its current form it is not able to 
predict seal face distortions, their effect on the fluid film pressure profile. and the 
resultant gap. That is, the model is not able to arrive at a coupled equilibrium 
condition between the fluid film and the structural/thermal deformations of the seal 
faces. This will certainly make the model lose significant accuracy as well as 
correlation consistency when the thermal effects start playing a more prominent role. 
Experimental results also show that the SF seal displays some hydrodynamic effects. 
with leakage rising, albeit by a small amount, as the seal speeds are increased. This 
effect is particularly prominent at the higher speed, but at its maximum. the leakage 
variation is in the order of 5%. However, the theoretical model could not predict any 
hydrodynamic effect. The only hydrodynamic effects it took account of was that of 
restricting the flow of gas into the rear feed slots due to the greater effects on the 
centrifugal force at higher speeds. 
The design was found to perform \"ery well across the entire operating envelope. 
However it found wanting on one particular scenario. This occurred under the 
--------------------------------------------_. --
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'artificial' interspace condition, simulating a failed IB seal stage, :\t this condition 
the OB seal stage was holding the entire pressure and the IB stage \\-as seeing a small 
differential across it. At this condition it was found that the closing force on the IB 
seal increased beyond the value seen during the nonnal operating condition. The 
opening force generated by the fluid film was not adequate to sustain a large enough 
~ '--
operating gap and the seal was found to contact. Although this occurred at an 
artificial condition, nevertheless, it is an unacceptable effect. An altemati\-e and 
most novel design was proposed in the fonn of the SFLS concept. This design 
retained all the benefits of good hydrostatic lift, but had a greater hydrodynamic 
component, able to support the fluid film at those artificial interspace conditions. 
The intent with the SFLS model was to develop an accurate and sophisticated design 
analysis tool for accurately predicting the perfonnance of the design at all operating 
conditions. To achieve this, the model had to take account of the most important 
factors. These included the effects of entrance losses: flow choking at the seal 
discharge, groove end effects and full compressibility effects of real gases. Then 
finally and as important as all the rest, the model was designed to combine full 
coupled field capability between the fluid film and the structural response of the seals 
parts. 
The SFLS model was found to show much closer correlation to the experimental 
results across the entire pressure and speed range of the perfonnance envelope. At 
lower speeds the correlation was spot on. At higher speeds it tended to over predict 
the leakages. But the trends were found to be very consistent. Also, the low 
operating leakage values make this seal concept extremely competitive with the 
existing technology already in the field. 
7.2 BREAK OUT TORQUES AND LIFT OFF PRESSURE 
Both models gave very accurate predictions of seal lift off pressure, for their 
respective designs. The lift off pressure was predicted to occur at bet\\een 0.2 and 
2.8 bar. Although the fonner of the two limiting values is hard to measure. 
experimental results indicate clearly that the seals achieved complete lift off between 
2.5 and 3 bar. Beyond that the seals remained fully lifted off throughout their full 
operating range. As part of the test program, the seals undef\\ent full pressure stop-
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starts. Under these conditions, the presence of full and complete separation \\"ould be 
imperative to reliable speed start up. If the seals \\"ere not fully separated at this full 
pressure condition, then massive and severe face contact and damage would occur 
when the seal rotation commenced. On strip down, after full pressure stop-starts the 
seal face condition was excellent in every case. Prior to this. as with all other 
conditions, the sure indicators of robust seal performance are the break-out torques 
under statics and the leakages at all duty conditions. From the operational point of 
view, to achieve complete lift-off at such low pressures is an excellent result. 
Further more, for a design to maintain break-out torques at such low values. i.e. 1-~ 
N .m, throughout the entire pressure range is also a show of excellent performance. 
7.3 INTERSPACE CONDITION AND SEAL LOAD CAPACITY 
On the subject of the artificial interspace condition, firstly, the SFLS model predicted 
consistently that the seal gap would still be present. Secondly the prediction \\as 
successfully verified on test. Under this artificial condition, it is impossible to 
measure the seal leakage, hence, all one could go on was the sheer survivability of 
the IB seal. The seals survived every single test point. 
Finally, given that the SFLS has both hydrostatic and significant hydrodynamic 
components, it makes for a much more versatile design. Further more, the nature of 
the design and the design variables provides extensive scope for fine-tuning these 
individual components 
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8 CONCLUSIONS AND RECOMMENDATIONS 
The work carried out as part of this research has been extensive. The dedicated oas 
e 
seals test facility was successfully engineered. It enabled the accurate measurement 
of all the important performance parameters at all key duty points \\ith the neCessary 
degree of accuracy. It enabled the effective completion of the entire test program for 
both seal concepts in a timely manner. 
8.1 SLOT FED MODEL TESTS RESULTS, CORRELATION 
An appropriate model was developed for the SF concept in order to predict its 
performance. The model was in effect a 1-D fluid film equilibrium model. It was 
based on compressible flow, but utilised ideal gas properties, ignoring all the inertia 
and choked flow effects. Finally the model did not incorporate any coupling 
between the fluid film analysis and the structural deformation of the seal faces. 
Those features although making the model deliberately quick and easy to use. also 
were its limitations to greater accuracy. 
The slot fed (SF) gas seal design concept was successfully incorporated into an 
industry standard tandem cartridge configuration for experimental verification. The 
concept design performed well at every experimental duty point designed to simulate 
operational duty conditions. The leakages at full pressure ambient static conditions 
were in the region of 180 l.min- l and under full dynamic conditions of 300 bar, 
12000 rpm, and 393K they were 140-170 l.min-l. The predicted minimum operating 
gaps at dynamic condition was 1.8 /lm. 
The model gave reasonable correlation between its predictions and the experimental 
tests. One operational fault was discovered with the concept, associated with the 
simulated failure of the IB stage, where the OB seal stage was holding the entire 
process pressure. At this condition, the IB stage was found to undergo contact. 
Further analysis established that this was caused by the closing force exceeding the 
opening force. in tum reducing the film gap to an unacceptably low level. thus 
leading to contact. That is, the seal did not have adequate load carrying capacit~ at 
this condition to sustain the necessary operating gap. It \\as suspected that the 
absence of any effective degree of hydrodynamic lift \yas the cause of the inadequate 
load carrying capacity. 
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To improve on the above limitations, while retaining all the benefits of low leakage 
and breakout torque, a unique design concept has been created and de\doped by the 
author, incorporating the slot feed design with a modified 10garl'thml'C s . 1 plra grO(\\'e 
geometry - the slot fed logarithmic seal concept (SFLS). 
This is a totally novel and unique concept of gas seal design. A patent has been 
submitted by the author, in his name to both the to the European and the American 
patent offices for the novel slot fed logarithmic spiral lift concept for a gas seal. 
As with the first design concept, an appropriate model was developed. The computer 
model developed to predict its performance is totally original and unique in every 
sense. In this particular case, the model is significantly more refined. The fluid film 
model was based on the finite difference technique. The model took account of full. 
gas compressibility, real gas properties, entrance losses, choked flow and spiral 
groove end effects. The model was fully coupled to the structural analvsis of the seal 
faces. For this part, ANSYS Finite element analysis software proved to be a n~ry 
effective platform. 
Within the fluid film model, the developed method of superimposing the slot fed 
arrangement with the modified spiral groove proved to be very effective and 
efficient. The mathematical representation of the spiral groove and its use in 
allocating appropriate film gaps, together with automatic positioning of the slot feed 
arrangement and the corresponding mass flow calculation algorithm also proved to 
be very elegant modelling techniques. The model accuracy was refined to a level, 
which represented the geometric limitations of the design. No more refinement was 
necessary. Those features significantly enhanced the model accuracy. 
The model gave very good correlation between its predictions and the experimental 
tests. At lower speeds the correlation was almost 100%. At higher speeds, across 
the pressure range, the model; over predicted the leakages by approx 20-300 0. 
Overall, the predictions showed good consistency. The model could effectively be 
used as a reliable analysis and verification tool. 
The seal performance was in fact better than the SF concept. The static leakagcs 
were lower: 90-110 l.min- I at 300 bar. They were also lo\\cr under dynamics. 
typically in the region of 120-150 l.min- I at 300 bar. 12000 rpm and 298K. The scals 
retained the characteristic of the very low lift off pressure (2.6 bar) and vcry low 
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breakout torques. These were typically 1-2 N.m right up to the full operatint! 
pressure of 300 bar. 
The SFLS model has shown itself to be flexible and accurate. Howe\er. 
improvements can still be made. By far the biggest recommendation \\"ould be to 
undertake a detailed 3-D CFD modelling exercise. The core objective of this \\"ould 
be to map out in detail the surface heat transfer coefficients around the perimeter of 
the gas seal parts. It is quite possible that relationships will have to be formulated as 
part of the exercise. Once established and quantified. those convection coefficients. 
or their relationships can then be incorporated directly into the computer-based 
model. The model accuracy, at full dynamic conditions should increase 
significantly. 
Another improvement could be made within the convergence algorithm to help speed 
up the convergence and the solution time. At the moment run times can be in the 
region of 3-6 minutes, with the model taking 2-5 iterations to converge to 
equilibrium. This can be achieved by adopting a more refined (albeit more complex) 
backward/forward stepping algorithm. 
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